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1 Introduction

1.1 Background

Over the past decades, the demimmatlectric vehicls (EVs) hasincreagddramatically.
EV salegecently registered 40% yearon-year increasgl]. Thisconsiderablelemand drives
the research oBVs. Onecrucial design factor dEVsis theirthermal managemerin hot
weatherEV coolingcan be realized usiranair conditioner, which is the same as the
conventional vehicle withninternalcombustionengine (ICE). However, when heating is
neededthe waste heat fromie electric motor is usally insufficient to provide target heating
capacity[2]. As a resultanadditional heating device is needed. The simplest way to fill the gap
in heating demand is to useesitivetemperatureoefficient (PTC) heater, which can provide
large amount ofieat at low ambient temperatukowever,it also consumes a significant
amount of energy due to low efficiency. One exampleMsgV [3], which uses a PTC heater
providea heating capacitpf up to 5 kW.Its experiment showthat the heating operatio
reduced the driving distance by up to 458more efficient heating methatsesaheat pump
whose efficiency is much higher tha?TC heater. Howevetheh e at pump 6és per f orn
drops significantly whethe ambient temperature is extremébyv due to low suction density
and low approach temperaty#d. To improve its performance, one can utilize the waste heat
from other components to provide suppleraéheating[4,5] or usesanalternative refrigerant
with better performanckb]. In addition,thevapor injection heat pump cyd¥1C) can also be
used to increase the heating capalgify Because additional refrigerant is injected into the
compressor chand, the discharge mass flow rate increaadng to higher heating capacity.
In conclusion, there is a demand for an advaitédheating system that can provide more

heating capacity under extrelpeold conditions.
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1.2 Literature review

1.2.1 Heating methods fecelectric vehicle

Zhang et al[8] summarized the advantages and disadvantages of several air conditioning
systems foEVs. A heatpump system is preferred f&Vs as it has higher efficiency than
electric heaters. And other neapor compression solutie are likesupplementary methador
future EVs. Onesignificantlimitation of theheat pump system is that its performance drops
significantly in extremly cold conditiors. Qi et al.[9] conductedan experimera study on a
air-sourceheat pump foEVs. They firstexperimenedwith the fresh air modand foundts
heating capacity at maximum compressor speediang= -20°C is roughly 25% lower thahat
atmaximum compressor speed anghn = -10°C, which is caused by low refrigeranass flow
rate at low suction temperature. They also experietbmith various return air mogewhere the
air inlet temperature of the indoor heat exchanger chaongagnic the return air. The result
shows that the return mode has little to no effedherrefrigerant mass flow rate and heating
capacity.

Several methods can be applied to increase heating capacity. One is to utilize the waste
heat from other componentd.et al. [4] experimentallicompared aR134a secondary loop
system with a direct egmsion systenBecause the waste heat increases the coolant loop
temperature, the evaporating temperature of the secondary loop system is higher than that of the
direct expansion system, which leadsitugher refrigerant mass flow rate and heating capacity.
The high coolant temperature also helps prevent frost formation on the radiator.

Ahn et al.[5] tested a R134adual heat sources heat pumpd&mEV. The dual heat
sources heat pumpasoperatedn three modes: aisource only, wastleeat only, and dual

sources. When the heat pumspn the air-sourceonly mode the heating capacity drogguickly



as the ambient temperature redu¢esouldonly provide 36% of the target heating capacity
when the amient temperature was €t0°C. Thesystem performdwell in the waste heat only
modewhentheambient temperatungas low However, its performancgasdominated by the
amount of waste heat available. And on the dual sources mode, sioakl@ébsorb hetsfrom
two heat sources, the systéada higher heating capacity thaine other modes when the
ambient temperaturgasmoderate. If the ambient temperatwaslow, the heat fronthe air
wasnegligible andthewaste heabnly modewaspreferred.

Another method to increase heating capacity under low ambient temperature is to use
economized/apor injection heat pump cyd¥1C), which increasethe compressor discharge
mass flow rate by injecting part of thendensedefrigerant backnto the compressatan
intermediate pressure. In general, there are two typékofflash tank(FT) based and
intermediate heat exchanger (IHX) bas@tng et al[10] compared two types &fIC through
experiments and modeling, and found that\HT performs bettethan IHX-VIC. IHX-VIC can
also be classified amnupstreantypeor adownstream typdn upstreamHX-VIC, refrigerant
flow splits first and then gesthrough IHX, while in downstreatd X -VIC, therefrigerant flow
goes through IHX first andhen splits. Because the downstream type system has more
subcooling than the upstream type system, its performance is bettédrab@stream desigfY].
Qin et al.[11] tested two vapor injection compressors with different injection port deisign
R134a upstreantHX-VIC. The resulshows tha¥IC can increase heating capacity by up to
27%compared to BCANnd singleporthole vapor injection compressor perfarbettethana
threeporthole vapor injection compressor whaeambient temperature &ove-10°C.Okuma
et al.[12] tested and simulated a novel-NTC, where a thermoelectric model was added before

the flash tank to increase the vapor quality entering the flashTtaekxperimenal resultsshow



that the proposed system on average increased heating capadtg¥yand decreased COP by
8.6%at-17.8°C And increasing the size of the condenser can help improve its COP due to
reduced condensing pressure.

Another metld to improve heat pump heating capacity is toamssternate refrigerant
with better performancé&hodbangl3] evaluated the performance of R152a and hydrocarbon
refrigerants as alternativesR134a in MACs. Results show that in direct expansion MACs,
R152a in road condition and idle condition can imprineCoefficient of PerformancéCOP)
by 11% and 15%, respectively. And R290 can improve COP by 4% in road comditioat al.

[6] tested a R290 heapump andshowedhat its heating capacity &t0°C is 55% higher than
that oftheR134a or R1234yf heat pump. However, R290 is flammable, which limits its
application.

In a nutshell, the performance of the heat pump system drops dramatically when the
ambient temperature is low. Many attempts have beasmfe to increase heating capacity and
efficiencyin low ambient conditions. Those attempts include recovering waste heat, using
economized/apor injection heat pump cycland usingnalternative refrigerant with better heat
transfer performance. And tless aneed for more heating capacity at extrgniew

temperaturewith good efficiency.

1.2.2 Mobile air conditioner LCCP evaluation

Life Cycle Climate Performance (LCCP)@O; equivalent emission frortinecradle to
thegrave which iswidely used inthe HVAC industry to evaluate the global warming effect of
the systemMuch LCCP calculation has been done on typical residential air conditioners and
heat pump$14,15] LCCP consists of two parts: direct emission and indirect emissien. Th

direct emission ifinked to the atmospheric reaction product of refrigerant and the refrigerant



leakageX leftover caused btheassembly, operation, and scrép contrastjndirect emission
includes theCO, emission caused by manufacturing, operatsenyice,and enebof-life
treatment. For MACs, carrying MACs withevehicle causes addition@lO, emissionwhich
alsoneeds to be included in the indirect emission.

Many researchers have ddn€CPcalculatiors for MACs. SAE published standard
J2766[16] to guide the LCCP calculation for MACBogether with the standarBlappasavva et
al.[17,18]developedn excel toohamedGreerMAC-LCCPto evaluate the LCCP of
conventional ICE vehicke The temperature bin method is used to group the weather dath base
on the standardBefore calculating the annual energy consumptidhCs should be tested or
simulated following the SAE standard J27&9]. The results can then be used to generate a
regression model. The power consumption of MACs tivaeevaluated semnd by second under
a driving cyclethatcombines FTP75 andWFET [20]. And manually controlledMACsb6on-
timein every temperature bis calculated by the cabin thermal comfort modélkir calculation
of globalCO, equivalent emissiohy region shows thiasia has the highest emission, followed
by WesernEurope and North America. And their parametric study reshthw thatusing an
internal heat exchanger (IHX) reduces @@, equivalent emissiohy 7%. Also, increasing
compressor efficiency by 10% ceeduce emissiagby up to 5% One limitation ofthe Green
MAC-LCCP tool is that it was developed for cooling mode only. And its conversion factor was
developed for conventional fossil fueRhoads and Hil[21] later developedraLCCP
calculation tool based dhe GreerMAC-LCCP tool. The new tool aéd support for electric
compressa@and wateibased system

Zhang et al[22] usedthe GreerMAC-LCCP tool to evaluattheannual energy

consumption of MAC foEVsin several Chinescities The MAC was tested experimentally



following a modified SAE standard J27B®)] simulation matrix In their experiment, the
volume flow ratewas variedaccording to the vehicle spetdaccount for theffect of air
leakage at different vehicle espds instead of fixing the indoor heat exchanger inlet air mass flow
rate And their experiment involetwo operating mode outdoor fresh air mode and
recirculation modeThe results show thais comparetb usingfreshoutdoor airusing
recirculation & can save energy consumption from 7 to 48%hould be notethat in their
study, onlythe cooling mode was evaluateahd LCCP was not calculated.

Yang et al[2] evaluatedhe LCCP of thefuel cell, electricandICE vehicle.Since their
calculation calculatéthe LCCP of the entire vehicle, the heat pump modalgreatly
simplified. During theanalysisthe cooling and heating capacities and Ga&efixed for all
three types of vehicles. And the tattkcompressor efficiencieserealsosetduring the
calculation. Three driving modevereanalyzed, which coveddriving in urbanareas
highways, and hybrid conditions. Anthe systen® en-time is a quarter of the total driving time.
The results show th#tte overallEV has the highest ergy consumption angreenhousgas
emission, mainly becausé the high energy consumption while manufacturing the battery. Also,
due tothelow efficiency of the combination of heat pump and PTC hetiteEV does not have
satisfactory results when thgstem ortime increases.

Although many LCCP calculations have been done for MIA€snventional vehicke
little effort has been put into the LCCP calculationEdfs with aheat pumpThe existing
analyse®ither onlyconsideredooling mode oused asignificantly simplified heat pump

model. Therefore, theiie aneed for a LCCP evaluatioomethodfor EVs with aheat pump.



1.2.3 Smallscale centrifugatompressor for air conditioner or heat pump application

The smaklscalecentrifugal compressor hagen developefbr applicationgequiring
low-volume flowrates such as portable coolers, mobile gas tusyioefuel cells.Someexisting
smaltscale cetrifugal compressoworks witha similar approachused byArpagauset al.[23]
aresummarized ifmable 1 In the operating condition columi o stands for air{iBo stands for
brine, andiWo stands for water. Due to the small impeller diamehaiy rotaional speedvas
up to 270,000 RPM. The details of those compresaaistroduced belowCasey et al24]
from PCA Engineers Ltd studied the scaling of¢batrifugalcompressorTo obtain high
efficiency for aspecifichead rise, the pressure coefficient of the compressor shouridHze
0.4571 0.55 range, which requires constant tip speed. And since the flow coefficient of the
compressor for a given volume flow is proportional to the inverse of the square of theimpell
diameter, the impeller diameter should be small to acquire higher efficiency. And the high tip
speed can onlige obtairedwhen the speed of revolution increases, in which casshtife and

bearingdesigncan be challenging.

Figure 1: Impeller of a 1.8 kW centrifugal compressor[25]



Brondum et al[26] designedan ultrahigh-speedcentrifugal compressor f@an88 kW
capacityrooftopunit. The designed ambient temperatwes35°C. The suction and discharge
temperaturesvere7°C and 54°C, respectivelyhe target pressure raticas4. The ultrahigh-
speed centrifugal compresseasa two-stage compression device with an economizer installed
between two stages. The impeller blagesa backswepblade, which increashe impeller
throat area and redut®ading in theexducer And the diffuser is pipe diffuser.Since the
bearingloadwassmall,anoil-free refrigerardubricated ball bearingrasselectedAnd the
motorwascooled by the superheated refrigerant at low pressure. According to the anthor,
ultra-high-speed centrifugal compressmuldincrease efficiency by 180%, reduce compressor
weight by 3050%, andower part counts by 30%. And the peak stage effiniey for the
designed efficiencyas84%.

Mechanical Solution Inc. and Lennox International Inc. developed a-sozé
centrifugal compressor for a 17.6 kW air conditioning system using a low GWP refrigerant. The
details of the compressbavenotbeen pblished yet

Schiffmann et al[25,27,28,34designed a sma#icale centrifugal compressor for a two
stage domestic heat pump system. Thisvaiter heat pump system has two throttling processes,
andan economizer was intended to be installed betweendmpressors.

Only the firststage compresseras producedThe 20 mm diameter impeller was
equipped with dackswepblade.To improve the performance of the compresaaplitter
bladewas addedbetween each pair @dll blades. Schiffmann compared diat bearing

technologies and found that aerodynamic bearing has the most desirable merits. Itfiean oil

solution and has a long lifetime. The designed compregsetestedh a compressor test rig.

The results show that the maximum rotational spe@i.0,000 RPM, and the peak efficiency is



79%.To improve the compressor performance under the different operating conditions

optimization of the impeller blade shapas performedby using multiobjective optimization

methods
Table 1. Summary of small-scale centrifugal Compressors
Pressure] Speed | Bearing Operating
o Ratio (krpm) Type Condition
Group Applicatio Efficienc | Diamete , . COP| Diffuser
n ] Refrigera| Capacity
y nt (KW)
(%) (mm)
i Gas
Stcgllgn;azn; Two-stage| 1533 | 150210 o | A-12/W60 | 55 | vaneles
20] heatpump g 20 R134a 7-16 > S
, 2.32.7 | 180 Gas A7/W35
Carré et Two-stage| << bearing 27 Vaneles
al{30] heatpump  g88 | 2020 | R134a 10 s
Gas B5/W30/W5
Javedet | Twostage| 1.53.5 | 1602701 00 5 43 | Vaneles
al{31] heat pPump™27"" 1" 15/15 | R134a 6.5 S
: Ball
Single 2.5 | 142200 : BO/W28
Sla[lggi—:-r et stage hea bearing 9.7 3
' pump - 21 R600 4-20
Ball
Van Gerner Threthe 4.7 180195 bearing W45/W100 )
et al[32] stage hea 3 -
pump 68 21/23/23] R601 7.5
Casey etl. Smglﬁ 2.5 250 - - Vaneles
[24] stage hea - S
pump 65 21 R600 -
A 1.31 100 - -
Laveau et al mesoscale
) - Vaned
[33] refrigerato ) 20 R134a 0.35
r
Two-stage Ball
Brondum et air 4.5 ] bearing A35)- .
al.[26] conditione ) Pipe
' ] 84 - R134a 96.85

The optimized geometry ha% increasén terms ofyearly efficiency.




Based on Sc hg Gafrénealj30] developea a tvistage centrifugal
compressor for a similar cycle. The impeller diameter remains the aadtbjs compressor
uses araerodynamiwearing. Three auxiliary refrigerant circuwitere usedone for aerodynamic
bearing, one for magnetic motowoling, and one for bypass. The bypass circuit is mandatory for
the centrifugal compressor system to avoid surge flows dthiexgpmpressor startg or
stoppingprocess

Javed et al31] from the same group developed a design procedure fenthkkscle
centrifugal compressarsedin a twostage heat pump with two heat sourddse process starts
with the heat pump model, and the design point data from the heat pump model is used to make a
preliminarydesign in the 1D compressor model. This modeltban generate a more detailed
compressor mafor the heat pump model to verify the design point and rusithalationfor
off-designoperating conditionsAccording to the 1D compressor model, the designed centrifugal
compressor reaches 77% isentropicceghcy at the design pointhe 3D impeller modelas
built in ANSYSfor blade passage design and optimization. Optimizatas performedby
reducing blade curvature and-tgakage flow. Afteoptimization,the compressor ratwas
increased from 2.1®12.48,andthe isentropic efficiencywasincreasedrom 76% to 79.5%.

In conclusion, mangmalklscale centrifugatompressors have been developed. Their
small weight makes them attractive to be used in MACs. Yet there is little reseapjlying

smaltscale centrifugatompressarin MACS.

1.3 Research objectives
The objective of this studg as follows:

1 Thermodynarit analysisand LCCP evaluatioaf advancedeat pump cycletor EV:
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o Build thermodynamic models of BC/FIIC/KC for quick cycle performance
analysis.
o Calculate and compare their performance under various conditions.

o Calculate and compare their LCCP acribedJ.S.

1 Transient modeling of advanced heat pump cycles for EV:

0 Build detailed transiennodels of BC/FIVIC/KC, tohavea more realistic
comparison between cycles.
o Compare the performance of BCAVIC/KC under varousdriving conditions
while considering the impact of froBirmation
1 Centrifugal compressor design and performance evaluftidature MACs with high

cooling demand:

o Designand evaluata centrifugal compresséor future MACs withhigh cooling

demand.

11



2 Heat pump cycles

This chapter explains the three heat pump cycles involved in ch8ad 4,
emphasiing the heating performance in cold climat€hapter Slescribes centrifugal
compressor for EWith different cycles involvindattery thermal management. More details are

provided in chapter 5 and are not discussed in this chapter to avoid confusion.

2.1 Baseheat pumgycle(BC)

Figure2 shows thébasic heat pump cycl8C) schematicwhich consist®f four mapr
components: compressor, condenser, expansion device, and evaporator. Becausadisis the
straightforwardcycle, it serves as the baseline in this st@lhpplement components include
receiver,anaccumulatoriwo four-way valvesandtwo check vales. The receivestores liquid
refrigerant and manageefrigerant charge in the system. An accumulator is used to préeent
compressor from liquid or twphase suction. Andvo fourway valves are added to the cytde
switch between cooling and heating madée fourway valveinstalledright afterthe
compressor discharge point direfrigerant taheindoor heat exchangémiX) or outdoor
heat exchangdoHX). In contrat, the second fouway valve guaranteghat refrigerant always
flowsinto the receiver from its inlet. In additionyad expansiowvalves (EXV)areused inBC,
one for cooling mode and the other for heating m@deen theEXV is closed, the refrigerant

can bypass it through the check valits.P-h diagram can be found Figure5 (a).
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Ambient Ambient
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] Hresll o) Fotilivotll @

Receiver Receiver
Accumulator Accumulator
Cabin HX Cabin HX
- -
Cabin Cabin
(a) Cooling mode (b) Heating mode

Figure 2: Schematic ofthe basicheat pumpcycle(BC)

2.2 Flashtank-basedvapor injection heat pump cydET-VIC)

Vapor injectionheat pumpycle (VIC) is a twostage cycléhatinjects refrigerant vapor
into the compressor chamberaatintermedia pressure. This brings two benefits: first, because
additional refrigerant is injected into the compressor chamber, its discharge mass flow rate
increases. Sead, the mixing process at the injection point reduces the suction enthalpy of the
second compression stage, which lastbe compressor discharge temperat@enerally, there
aretwo types ofVICs: flashtank-basedvapor injection heat pump cydET-VIC) and
intermediate heatxchangebasedvapor injection heat pump cyoHX-VIC). In this study,
FT-VIC is considereds it has better potential than the other cyltde-h diagram can be found
in Figure5 (b).

ForVIC, its injection pressure plays anportant role. To better illustrate the relationship

between injection pressure atdc o mpr essor 6 s suction and discha

below equation:
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Where K is the factor of injection press{88] or relative intermediate pressUygs]. For ideal
VIC with isentropic compressiothebest COHs obtainedwhenthe injection pressure is the
geometric mean of suction and discharge preg48idieHowever, the compresseisentropic
efficiencyin the atual systems smaller thamneand varies with different operating conditions.
Therefore, the optimum factor of injection pressure vaeesrding tdhe operating mode and
system design. Xu et.dB5] experimengédwith an R1234yf heat pump system aralihd that
optimum COP was obtained whemvksbetween 1.15 and 1.35 under low ambient temperature
(-10°C-0°C). Ma and Li[36] suggestdthe optimum range of k between 1.1 andftr3an R22

heat pumpV/IC with an economizer.

Ambient Ambient

- -l
ﬂq—z ng [owmdon v |
0 . (>}
Receiver
[
X e

()

Accumulator

Qutdoor HX @
Accumulator

. -
Cabin Cabin
(a) Cooling mode (b) Heating mode

Figure 3: Schematic ofthe flash tank-basedvapor injection heat pumpcycle (FT-VIC)

2.3 Kangaroo heat pump cyc{KC)
The kangaroo heat pump cyclKQ) [38] is an improved-T-VIC. Its schematicare
shown inFigure4. And its P-h diagram can be found Figure5 (c). Themaincycleis an FT-
VIC, and asubcycle is introduced to improve heating and cooling capacity. Thetle
condenser is installed between the first expansion device and the flash tank, which increases the

vapor quality of the refrigerant entering the flash tahks increasg the injection mass flow
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rate. As a result, the heating capacity can be increased. Also, the evaporator otciedesish
installed between the flash tank liquid outlet and the second expansion valve, whidthewer
evaporator inlet qudy and potentially increases the cooling capacity. Becalige
introduction of the suaycle compressothe COP ofKC may be lower thakT-VIC in most

casesHowever it can provide more heating or cooling capacity, which is helpful in extreme

conditions.
Ambient Ambient
ot
Outdoor HX |« O — —|| Outdoor HX Q
Main-cycle high pressure side ‘ XE‘ Main-cycle low pressure side ‘
s

X‘I Accumulator Accumulator
Main-cycle low pressure side Main-cycle high pressure side

: [ cahin HY |k
Cabin HX Cabin HX
= =
Cabin Cabin
(a) Cooling mode (b) Heating mode

Figure 4: Schematic of kangarocheat pump cycle (KC)

Main-cycle
~==== Sub-cycle e

(a) (b) (c)

Figure 5: P-h diagram for three cycles: (a)BC, (b) FT-VIC, (c)KC
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3 Thermodynamic mode&lnd LCCP evaluation

Three thermodynamic models were developed fordgsie performance evaluation.
Only major components were model@dixiliary componerd such aghereceiver, accumulator,
closed valve, and bypass valve were not included in the thermodynamic model.

To simplify the calculation, heat exchangessremodeledby using approach
temperature, which is the difference between the air outlet temperature and the refrigerant
saturation temperature.

I A (I T A - @)
I A T A ©)

Once the saturation temperature is known, the corresponding condensing and evaporating
pressure can be calculated. Thenrdfagerantsidecapacity can be solved lgingthe
equatiors below

0 a QY O 4
0 & O Qp (5)
Where inlet and outlet enthalpies are determined by the cycle model.

As for the airside model, there is onlysensible loadh the heating modelhereforea
sensible load equation can sotte air outlet temperature.

0 & 7 6r Yiw  Yion (6)

It is necessary thave a dehumidification modtd obtain the air outlet temperature in the
cooling modeA detailed dehumidification model requsrn information to solve sensible heat
ratio (SHR), whichs not available in this simplified moddiherefore, aimplified method is
used in this study, where it is assumed #wabutletrelative humidity is 100% when there is a
latent load.The model first calculagean air outlet temperature using the selesload equatin

16



to determine whether there is a latent lofdd latent load calculation will be involvatlit is

lower than the dew point temperature of the inlet stte latent and sensible loads #ren

solved using the equatiobglowthrough teration.

0k

0 R a Q
a ] ]
a On Yi & Yi i

(")
(8)
(9)

This air-sidemodel is compared with the results from CoilDesid86}. In this

comparison, a random heat exchanger model is used. The output heat load serves as the input to

theair-sidemodel. And the comparison of SHR is showirigure6. As you can see, the

maximum deviation is less than 3%.
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Figure 6: Air -sidemodel validation
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The below equations can soNeCOPRs for cooling and heating:

o o
o w

#/ 0 0 T® (10)
#/1 0 0 T (12)
i 0 0 T ® 0 0 Tw 0 (12)

The model assumptionsed are

)l
1

il
1

No heat loss in pipes.

Isentropicexpansion process.

No refrigerant pressur@rops

No air pressure drap

Constantair specific heat capacity and density.

TheHX outletrelativehumidity is 100% when there édatent load.

Vapor injection pressure is the same as the discharge pressuréoafe¢hstage
compression.

Perfect phase separationtheflashtank

Constantpproach temperatures.

These models were developed in Engineering Equation Solver [EESpetails of cycle

modelsareexplained belowBecause EES uses declarative prognéng, it does not require

control flow. As a result, the actuallgimg process may not be the samehagshown in the

flow chart.

3.1 Efficiency-based ompressor model

In this studysinglestagecompressors are usedBi€ and the sueycle ofKC. Its

governing equations are shown belbyvusing three compressor efficiées
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a " o —— (13)
®

R 9 14

- IS) (14)

w —_— (15

Wherersucis suction densityWaispis displacement voluméio is volumetric efficiencyhuis,ideal
is ideal discharge enthalpy when there is no increase in enhggig, suction enthalpyhuis is
actual discharge enthalp#isenis isentropic efficiencyficompis compressoefficiency (ncludes
motor and mechanical los$eandw is thecompressor power input.

In this study, all efficiencies are modeledaaecondorder polynomiakquation

-~ ® QO0Y @Y0D w0'Y YOO w0Y VYD (16)
WherePRis the pressure ratio.

The validation results adhe BC compressor are shawn Figure7 andFigure8. For
compressor power, its deviation is less than 6%. And for refrigerant mass flow rate, when
compressor speed is equal to or lower than 8,600 RPM, the maximum deviatigrthaieS%.
For higher compressor spegthe maximum deviation is up to 10%. Therefore, this study
cappedhe maximum compressor speed at 8,600 RRM\L the minimum compressor speeds

set at3,000 RPM.

19



-
e
T
N\
\
\
X
I

\
\
&N
\
\

o9l 7.72,7 0 1
@ /,CO'/T}
208t 0% 02, 1
’ Ao e
5 "’SO/V./Q// o
0 N 4 VStd» ur 1
03] pards Pikd
= 7 B -
E 06 F ///' //‘ -~ 5% -
o /,//' _//)/ -10%
@] 7
i A
n 05T 7 s y
n //./ Al
- 2o
E 04r 4/// 4
4. %

(==
[#%)
\.\\
N
R NS
™"
I

R
A\

0-1& 1 1 1 1 1 1 1 1 il 1
01 02 03 04 05 06 07 08 09 1 1.1

mass flow rate, experiment (-)

Figure 7: Validation results of the mass flow ratepredictions
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The validation results dhe sub-cycle compressor are shownkigure9 andFigure10.
The maximum deviations of refrigerant mass flow rate and compressor power are 188%.than

And it shares the same speed rangid@BC compressor.
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Figure 9: Validation results of the mass flow ratepredictions, sub-cycle compressor
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Figure 10: Validation results of the compressor powerpredictions, sub-cycle compressor

3.2 Vapor injection compressor model

Similar tothe single stagecompressor modgvapor injectioncompressor models can be
classified into three categories: empirical models, sampirical models, and comprehensive
time-dependent modelptl].

The empiricamodel simulatethec o mpr essor 6s perf or mance
correlations. Tieten-coefficient model from AHRI standard 540 [42] for positive displacement
compressors is the most uséichas good accuracy in the teastange and does not require any
detaikedgeometry informatiomboutthe compressor. However, a correction isdee to
accommodate the changesuction densitypecause the map was generated at a given suction
superheating@3]. Tello-Oquendcet al.[44] built amapbased mode for a vapor injection
compressor using a modified AHRI polynomial. When calculating compressor power, an

additional term consistg of saturation injection temperature was added to the AHRI

22
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polynomial. And in this modethe injection ratio is a function ahepressure ratio ahefirst

compression stage. Other modified AHRI polynomiaidelfor vapor injection compressors

includesa 12-coefficient model from Ericksof#5] anda 23-coefficient model fronCambio

[46] (observeddy Lars Sjoholm47]). In addition, Lumpkin et a[48] usedthe BuckinghamPI
theoremtodevelopa new equation for vapor injection co
better Rsquare value thatmeten-coefficient model for most fitted terms.

The senmempirical model simulatethe compression procelg using thermodynamic
models. Winandy and Lebr#9] developed a sem@mpirical compressor model for a fixed
speed compressor which dividiae compression process into four steps: isobaric heating up,
isentropic compressioadiabatic, irreversible armbnstant volum@rocessand isobaric cooling
down. Dardenne et gb0] improved this model to be suitable for variable speed compsdssor
solvethecompressdi macroscopic performance. Qifol] devdoped a transient vapor
injection compressor mod#iatconsiderghe compression process polytropic. And the injection
mass flow rate was calculated by a fixed orifice maodeht losses in majaompression
modules were also consideredimprove accuracyWang[52] developed a sergmpirical
compressor model d@istwo compressaconnected in serial arthve thaefrigerant injection in
betweenThe dficiencies of each compression stdgeethe same form as the teoefficient
model. Xu [53] developed a similar modahdadded consideratiaio heat transfer between
compressor parts and ambient. In both models, the first stage efficiencies are functions of
evaporating temperature and condensing temperature. And the second stayeieSiar¢he
function of saturation injection temperature and condensing temperature. Dardenfgt al.

developed a transient vapor injection compressor model assuming two compressors connected in
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parallel without consideration of refrigerant mixind the injection ratiavasused to calculate
the injection mass flow rate.

Comprehensive timedependent models simulate the actual compression process with
great geometry details. For example, Jung ¢18].developed a dynamic model for a vapor
injection scroll compressor to evaluate the effects of injection port size and ahiglenodel
typerequires many geometry details, such as scroll shape, to build. And is typically used to
optimize vapor injection compressor design rather yatemlevel smulation. Therefore, it is
not considered in this study.

3.2.1 Comparison of vapor injection compressor models

For this study, a 30+ cc variable speed vapor injection compressor was modeled. Because
the available datasetisinimal (16 test data points from timeanufacturer withour different
speed), the conventional tenoefficient model cannot be used. Instead, two other vapor
injection compressor moddimve beetested: twaerialcompressorandtwo parallel

COmpressors

3.2.1.1 Model 1: Semempirical model: Tw@ompressas connectdin serial.

In this model, the compression process is separated into two compression stages. The
refrigerant vapor is first compressed into the injection pressure in the first compressi@ndtage
then mixel with the injection refrigrant. After mixing, the refrigerant is compressed into the
discharge pressure in the second compression stage. Each compressor stage is modeled as an
efficiency-based compressor model.

Therefore, this model can lickly developed based on the previonsdel. The

efficiencies required are isentropic efficiency and volumetric efficiency of both compression
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stages and another compressor efficiency is used to calculate compressor power. The definition

of each efficiency is shown as follows:

a ) (17)

5
¢

Qi Q
Q Q

(18)
The efficiencies shown above are required for both compression stages. And the
definition of compressor efficiencgliffers slightlyfrom the conventionatompressor modelts
deriving process is shown below:
The work done on the refrigerant in the firshgpression stage:is
w a QF Q; (19
The work done on the refrigerant in the second compression stage is
W a QF Qi (20
The energy conservation equation for the refrigerant mixing after injection is
aQ aQyF aQ (21
And the definition otompressoefficiency is

a Q gy Qi a Q5 1Q ;

- 22
- (22)
Combine abovéour equationsthe below equation is derived:
aQp aQ a Qi
- (23)

W
Therefore, knowing the suction, injection, and discharge staée®ugh to calculate
compressor efficiency. However, informationthe discharge state of the first compression

stagess still neededo calculate the isentropefficiency of the first compression stage, which is
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unknown. As a result, obtaining the isentropic efficiency first and theniaggafitting with it is

impossible.

 Exp. Discharge enthalpy

Compressor function Called by

Inputs: Exp. Data & Coefficients Matlab fitnlm function 1 Inputs
Output: Est. discharge enthalpy

Initial coefficients

Figure 11: Model 1 fitting process to get isentropic efficiency curve

To solve this issud,fit the entireprocesgmatchthe discharge specific enthalpy) instead
of the isentropic efficiency. In MATLABI created a function ahevapor injection compressor
model. The inputs to the compressor model are the parametergedaasine experiment, such
as RPM, suction and discharge temperature and pressure, suction/injection/discharge mass flow
rates, and fitting variables. And the output of the function is the specific enthalpy at the discharge
point. Using the buikin nonlinear fitting functiorfifitnimo, | couldobtain a series of coefficients
that best match the experimental discharge specific enthalpy with the experiment data.

Typically, these efficiencies are fitted usiaten-coefficient polynomiakquation52,53]
from AHRI standard 540. However, the accuracyheften-coefficient polynomiakquationout
of the operating envelope is questionable. And compressor speed is not included in the model.
As a result, efficiencieswereassumed to be functions of pressure ratid compressor speed.
There are a few advantages. First, it requaremaller number of variables. Secondngghe
pressure ratio asvariable makes ke@&m the modelwithin the operating envelopmsasier

In literature, the first stage isentropic eiéincy is usually a function of evaporating and
condensing temperatwfh2,53] Therefore, in this studyhe first stage isentropic efficiency
wasset to be a function of total pressure ratio and compressor speed. The equation is as follows.

- 5 ® ® 0Y & YOO & OV YOO & YW (24)
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(29)

The equation ofhesecond compression stage has the same form as the first compression

stage while replacinthetotal pressure ratio witthe second stage pressure ratio.
- F ® ® 0Y @ YOO & OV YOO & YD (26)

0Y 0 T (27)

The first stage volumetric efficiency is solved by using the same equation that solves the
first stage isentropic efficiency.

- 5 O o 0Y ® YOO w O0°Y YOO @ YO

(28)
For the second stage volumetefficiency,the same equation leads aoextremely low

adjusted Rsquare value. Therefore, an additional terasadded to the equation. The final form
of theequation is shown below.

- 5 ©® ® 0Y ® 0Y ® YOO (29)
Thecompressoefficiency is expressed as follows:

- ® o 0Y X

@ YOO @ O0Y YOO o YO

(30
Fittingswerecreated by using nonlinear fitting function. Results are showriTiable2.

Table 2: Model 1 fitting results

Parameter — - 7 - § _
R square 0.98 0.76 0.6 0.76
Adjusted R square 0.95 0.67 0.5 0.65

Validation of this modeis presen¢din the following chaptemwhere two models are
compared.
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3.2.1.2 Model 2: Semempirical model: Two compressin parallel
The second compressor model is considered a parallel ppddlelt also models two
compressor chambers: one compresses fn@suction point tahedischarge poinandthe other
compresses frormeinjectionpointto thedischarge point. Both chambers discharge at the
discharge pressure. Only one isentropic efficjeand volumetric efficiencgreneeded in this
model. In this modetheinjection ratio is introduced he below equationalculates it
s L (31
a
And the definition of isentropic efficiency is changed to:
a Qrn Q ;5 a Qs Q

_ , (32)
W

And the discharge enthalpy can be calculated by:

, ® aQ i aQ b
Q p - (33

WhereQiossis the heat loss to the ambigsince the ambient temperature is unknamvthis
study, Qossis set to 0

And the compressor efficiency (driver efficiency in the papetcgaisulatedoy:

- w T (39

A moredetaikd explanation of the model and fitting equations can be found in Dechesne
et al.[54]. The same fitting equationgere useds the paper usefimilarto the previous
compressor modeihe nonlinear fitting function in MATLABwasused to generate fittinghe
detaikdresultsarediscussed later in the comparison chapter.

Table 3: Model 2 fitting results

Parameter - - A -
R square 0.89 0.67 0.92 0.98

28



| Adjusted R square] 0.89 | 0.55 | 0.89 | 0.95 |

3.2.1.3 Comparison of vapanjection compressor model
After implementinghe aforementioned compressor models in MATLAB, they were
validated against experimeatdata. Allpresentedesults arenon-dimensionalzed by the

maximum value measured in the experimeas shown below.

0 . (35

WhereP standards for variableékataredisplayed in the following figure, such as discharge
mass flow rate.

Figurel2 shows the validation results thfe compressor discharge mass flow rate. The
maximum deviation of Model 1 and Model28% and 11%, respectivellfigure13 shows the
validation results ofhe compressor injection mass flow rate. The maximum deviation of Model
1 and Model 2s 24% and 37%,aspectively. This large deviatiam due tcthe injection ratio of
Model 2.Figurel4 shows the validation results thfe compressor power. And the maximum
deviation ofthetwo models isimilar. The maximum deviation of Model 1 and Modes24%
and 16%yespectively. In conclusion, even though the fitted variables of Model 2 have better R
square and adjustedd$guare than that of Model 1, its final model shows poor performance in all

aspects. Therefore, Model 1 was selected.
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However, both models shosignificantdeviatiors. The possible reasons fibrelarge deviatios

05 06 07 08 09

power, experiment (-)

in thevapor injection compressor model are summarized as follows:

1 The heat loss during the compression was ignoreceimibdel

1 Because flow is driven by the pressure difference, the actual intermediate pressure inside

the compressor should b®ver than the injection pressurdowever,in the model, |

assumd that theywerethe same.

1 The isentropic efficiency of the §it compression stage in this model was fitted based on
thegiven polynomiakquationsDifferent isentropic efficiency polynomialuations
give different results. And this isentropic efficiency affects the calculated discharge

enthalpy of the first compssion stage as weWhich inturnleadsto different volumetric

efficiencies.
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3.3 Baseheat pumpycle model

Input boundary conditions include air inlet state and compressor speed. To fix the cycle,
suction superheiaig and condenser outlet subcooliagerequired. During calculation, the model
first guesseghe evaporating pressure, condensing pressure, and suction enftiadpy.
compressomodel then solves for refrigerant mass flow rate and discharge enthalpy. And the
condenser outlet enthalpy can be detagdiby thegiven condenser subcooling. Then the
refrigerantsidecapacity of boththe condenser and evaporator can be determined. Since heat
exchangers are modeled by using approaching temperature, the air outlet temperature can also be
calculated based dhe given approach temperature and guessed saturation temperature. The
calculation gesthrough an iterative process until the suction superigeatatclesthe given

value andheh e at e x airksidatgpacity snatchetherefrigerantsidecapacity.

( Start )

h

Input boundary conditions

r

Guess Fopaps Peond- Rsuc

h

Calculate m

Update
Calculate Qcona, Qevap on both air and guesses
refrigerant sides

equations Not converged

Converged

Figure 15: Calculation flowchart of BC thermodynamic model
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3.4 Flashtank-basedvapor injection heat pump cyahkeodel

FT-VIC model is developed based on 8@ model. Because a flash tank is added to the
model, itsinputs andyues values differ slightly. The flash tankvasmodeled as a perfect phase
separator. Its mass and energy conservation equations are shown below.

a a a (36)
a Q a 1Q a Q i (37)

In theabove equations, dew point enthalpy and bubble point enthalpy are functions of
injection pressure. Since the compressor modelcalculate the refrigerant mass flow rétere
is one equation for two unknowrf8olving these equations requikgther injection pressure or
condenser outlet enthalpyiowever,theycannotbe providedsimultaneouslywhich will over
specify the prblem.In the current model, the condenser outlet subcooling (equivalent to the
condenser outlet enthalpy when condensing pressure is known) is graimptite injection
pressure is guessdd.addition, the vapor injection compressor model cannot sbhégecond
compression stage without knowing the ingebefrigerant state and mass flow rate. Therefore,
it is necessary to guess eithiee total refrigerant mass flow rate threinjection mass flow rate.
In summary, inthe FT-VIC model, in addition tahe guess variables mentioned in B@ model,
two more guess variables are needed, which are total refrigerant mass flow rate (or injection
mass flow rate) and injection press(ifehe inputs include injection pressure, the model does
not need to guesondenser outlet enthalpy, as it can be calculated by the )ntel
calculationalso starts fronthe compressor. The vapor injection compressor first solves the
suction mass flow raté&nd the flash tank model can calculate tb@denser outlet enthalyd
injection mass flow ratewvhich are used ithevapor injection compressor model to find the

suction state of the second compression and actual discharge mass flow rate and state. Then heat
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exchangerefrigerantsideandair-sidecapacities can be deteined. This calculation also goes
through an iterative process until all guess varmivlatch the calculated variakléNote that the

convergence of suction enthalpy is determineddoypparingthe targesuction superheiy.

Input boundary conditions

I

Guess Meotais Pevap: Pcond: hsuc: Pi.nj

|

Calculate Mg,

|

Calculate Qgond, Qepgp on both air and refrigerant
sides

|

Solve the suction point for the 22 compression
stage

|

Calculate Mg, through compressor model

"heck conservation
equations N

Converged

A

Update
guesses

ot converged

Figure 16: Calculation flowchart of FT-VIC thermodynamic model

3.5 Kangaroo heat pump cycheodel

TheKC model is developed based the FTVIC model. The maincycle part calculation
is the samasthe FT-VIC model Thus,it is not discussed here for brevity. As tbe subcycle,
it is a simplifiedBC model. The modeling approachtbkesub-cycle is the same as thattbe

BC model Sinceboth sides othesubcycle condenser areatwo-p hase r egi on, pur e
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saturatiortemperature remains constant when presduop is ignored. Thereforeglvingthe

sub-cycle condensing pressure does not require iteralibe.rest othesub-cycle calculation is

Input boundary conditions,

b

Guess Moz Peuap: Peonds Nsuc Pinj

L

Calculate 1g,c

I

Sub-cycle model solves sub-cycle’s performance

:

Calculate Q;opna. Qevap 0n both air and refrigerant
sides

I

Solve the suction point for the 2" compression
stage

'

Calculate M g4 through compressor model

"heck conservation
equations

Converged

the same athe BC model.

A

Update
guesses

Not converged

Figure 17: Calculation flowchart of KC thermodynamic model

3.6 Simulation boundary condans
The developed models were used to compiaeycle performance. In this calculation,
the face area of the outdoor heat exchangsetiat0.142m?. Some important boundary

conditionsfor all cycle models are listed fable4.
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Table 4: Boundary conditions for the thermodynamic model

Parameter Value Unit
Y oh 10 °C
Y i 5 °C
Y oR 5 °C
Y i 10 °C
YR R 5 °C
Y hn & 10 °C
YR R 5 °C
Y r & 5 °C

Most conventional MAC$iaveused R134a as their refrigergh8] due toits good
thermophysical properties andrflammability. However, ts high global warming potential
(GWP)makes itbanned in new lightluty vehicles irthe U.S.A. startingin the model year 2021
[55]. R1234yf[18] is one of the most popular alternasfer R134a due to itsimilar
thermophysical propertiesd negligible GWPTherefore, in this studyhe refrigerant in all
calculatiors is R1234yf.

To compare cycl es 6 sweepeffasmedtzased ghesimulatibnc ul at i o
matrix shownin Table5. The cooling modaimulation matrixwasfrom SAE standard J2765
[19]. The heating modsimulation matrix wasreated to havasimilar structurdo the cooling
modesimulationmatrix | n t he heating mode, if the conden
a100% efficientPTC heaters used to fill thecapacitygap.Both the heat output andower
consumption of the PTC heataeincluded in the COP calculation.

For VIC and KCto preventhecompressor model from extrapolation, the maximum
overallpressure ratizvascappel at7.66. And the maximum pressure ratiotbk BC compressor

andtheKCo6 subcycle compressonvas8.33.And the speed of all compressor models range

from 3,000 RPM to 8,600 RPNf.the required compressor spegdslower than the minimum
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compressor speed, then the minimum compressor sygsded, and vice versa. In addition, to
preventaninfeasible solution, the maximum discharge temperature and press@aset to be
120°C and 3,000 kPa, respectively.

Three opeating mods wereused in this study: M1, M2, and MB M1, BC resultswere
used for alkimulationconditions. In M2FT-VIC wasused for extreme conditions, which are
tess#1-8 and #3744. AndBC wasused for the rest dhe simulationconditions. In M8, KC
wasused for extreme conditions, aB& wasused for the rest ahe simulationconditions.Note
that later during the calculatiqnsing empirical compressor efficiencigs)was found that in
simulation #, even if boththemain-cycle compressomal subcycle compressamanatthe
minimum speed, the model fadto convergeThereweretwo reasongor this model failure
Thedischargeressuravashigher tharthe maximunpressureSecond, theischarge
temperaturavashigher than the maximum allowedlue Thereforewhen using empirical
compressor efficiencie§,T-VIC wasusedin M3 for simulation #. Note that calculatiosusing
fixed compressor efficienciegerenot affected and still useKC in simulation #.

Table 5: Simulation input matrix

Simulation Mode Outdoor HX Indoor HX

Number Y i W Y i RH a Target’Y
- - °C m/s °C - kg/min °C

1 45 1.5 35 0.25 9 3

2 45 2 35 0.25 9 3

3 45 3 35 0.25 9 3

4 45 4 35 0.25 9 3

5 35 1.5 35 0.4 9 3

6 Cooling 35 2 35 0.4 9 3

7 35 3 35 0.4 9 3

8 35 4 35 0.4 9 3

9 21 25 1.5 25 0.8 6.5 3 10
10 22 25 2 25 0.8 6.5 3 10
11 23 25 3 25 0.8 6.5 3 10
12 24 25 4 25 0.8 6.5 3 10
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13 25 25 15 25 0.5 6.5 3 10
14 26 25 2 25 0.5 6.5 3 10
15 27 25 3 25 0.5 6.5 3 10
16 28 25 4 25 0.5 6.5 3 10
17 29 15 1.5 15 0.8 6.5 3 10
18 30 15 2 15 0.8 6.5 3 10
19 31 15 3 15 0.8 6.5 3 10
20 32 15 4 15 0.8 6.5 3 10
33 5 1.5 5 0 9 30
34 5 2 5 0 9 30
35 5 3 5 0 9 30
36 5 4 5 0 9 30
37 -5 1.5 -5 0 9 30
38 Heating -5 2 -5 0 9 30
39 -5 3 -5 0 9 30
40 -5 4 -5 0 9 30
41 -15 1.5 -15 0 9 30
42 -15 2 -15 0 9 30
43 -15 3 -15 0 9 30
44 -15 4 -15 0 9 30

3.7 Effect of subcyclecompressospeed

For BC and~T-VIC, compressor speed can be determined by the target cooling capacity.
However, KC has two compressors, which makes this problem more complicated. To find out
the effect of suizycle compressor speed the cycle performance, a parametric study was
perfomed based on the abovementiosedulation matrix The calculatiorwas performed for
extreme conditions. And during th@alysisthesubcycle compressor speed raddgeom 3,000
RPM to 5,000 RPM with00intervals

Figure18 shows the parametric studystdts of the cooling mode. In both ambient
temperatureghesystem COP decreasestlagsub-cycle compress@peedncreases. This is
because more refrigerant is injected into the compredsen the suzycle compressor speed

increasesTo maintain the@ndenser capacity, the maiompressor speed decreagesnost
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cases, this results in a decrease in regitle compressor power. However, because the increase
in subcycle compressor power igore significanthan the decrease in masgicle compressor
power,the COP still decreases. In addition, sometimes even though the compressor speed
decreases,themamy c | e ¢ o0 mp r rsEMptionds s0t Mecegsaritgeducedue to the
increasan discharge mass flow rati this calculationthe maximum presse ratio is limited,
which limits the maximum condenser capacity. And the advanta€a$ providng more

capacity rather than improving system COP.

WhenTamb= 35 °, some data points are missing. These calculations failed to converge

because thegould notreachthetarget condenser subcooling due to high-syitle condenser
capacity.

Figure19 shows the parametric study results of the heating mosleateshe same
trend as the cooling mode.

According to this parametric study, 3,000 RPM is the bestgale compressor speed

for extreme condition®r the current model setupnd this speed is used in all calculations

later.
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Figure 18 Parametric study for KC, varies subcycle comp speed;ooling.
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3.8 Simulation esultshased orsimulation matrix

Two sets of simulatiagwere performedAs discussed ithe previous chapteiboth

simulations use a serampirical vapor injection compressor madehe experimental data fitted

theefficiency curvain the first set of simulation#\nd in the secondet ofsimulatiors, fixed

compressor efficiasieswereused[10], listed inTable6. Forthe singlestage compressdirst

stage efficiencies were used.

Table 6: Fixed compressor efficiency used in the second simulation set.

Parameter Value
- ;i 0.9
-k 0.7
- ;i 0.9
- 0.7
— 0.7
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3.8.1 Results using empiricalompressoefficiencies

During the simulationthe FT-VIC model reachethe maximum pressure ratio in
simulatiors#1, #2, #3, #5, #6, #41, and #42. And it reached maximum compressor speed in
simuations#7, #43, and #44KC model reached maximum pressure ratisimulatiors #2, #3,
#6, #41, #42, #43, and #44nd it hit maximum pressure isimulation . Also, as mentioned
before,themodel faiedto converge irsimulation #. As for the BC model, it finiskedthe
calculation without hitting the maximum pressure ratio litdbwever,it reachel maximum
compressor speed gimulatiors #2 to #9, #37, and #41 to #48igure20 shows the calculation
resultsfor threemodesfor all simulationscenaios. Because BC is used fitve normal operating

condition, the results aimulatiors #9 to #36 are identicalWhenTamp= 15 C, the target

cooling capacity is too small for the systeand the required compressor speed is lower than the
minimum compresy speed. Thereforéese simulations used a minimum compressor speed of
3,000 RPMA similar problem exists fronsimulatiors #23 to #28 as wellAn increasing trend

of cooling capacity can be observed for these simulation condifitisis becauskigher

velocity means lower temperature difference and pressure ratio when capacity is th&same
the condenser outlet subcooling is fixed, lower condensing pressure means lower condenser
outlet specific enthalpy, which leads to higher evaporator entlk#feyence and cooling
capacity.In hot weathe(simulatiors #1 to #8),FT-VIC hasthe highestcooling capacity in most
cases anthehighest COP in all cases. The only exceptioginsulation #, where BC hathe
highest cooling capacity. This is becatiseFT-VIC model is constrained by the maximum
pressure ratio, while the BC compressor modekwisler operating envelope acdnreach

higher condensing pressure in this specific cAsd.KC hasa similar coolng capacity a&T-

VIC, whichis because the introduction of sojcle increases the injection ratldowever the
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saturation temperature differenisenot allowed to change mublecause the overall pressure
ratio is constrainedAnd the maircycle compress speed iseducedo preventhe pressure
ratio from exceeding the limit. This leadsatower suction mass flow rate. So, even though the
evaporator enthalpy difference is increased bycube, evaporator capacity does not
necessaly increase. In fet, in many simulationghe cooling capacity decreassghtly. On
averagethecooling capacity of KC i8.8% higher than that of BC. Antthie coolingcapacity of
FT-VIC is 10.0% higher than that of BC.
As for heating mode, all three cycles halresameheating capacity because of the PTC
heater. And whehy v d, FT-VIC hasthehighest heating capacity. For KC, the energy
saved in the mataycle compressarould notcompensate fahe increasgenergy demand from
the subcycle compressor speedhieh lowes its COP when compared ET-VIC. The COP of
BC is higher than that of KC when the outdoor
because when capacity is the same, higher velocity means lower temperature difference and
lower pressure ratio, which leads to less compresseempoonsumption. Since the heating load
when”Y v d is relatively small and BC can provide enough heating capacity without the
help ofaPTC heater, KC becomes less efficientwttso ut door heat exchanger
is high.However KC perfams better than BC for lowwpeed casetue to the large pressure
ratio. And whenY p v0J none of these cycles can provide enough heating capacity to
meet the heating demartdowever,amongthe threecycles, KC can providéhe most heating
capacity As a result, it hathe highest overall COP amoriethree cycles. The advantage

would be moreevidentif the constraint on the pressure ratio were removed.
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Figure 20: Capacity comparison(empirical compressor efficiencies)
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Table 7: Breakdown of heating capacity whenTl amb = -15°C (empirical compressor

efficiencies)
Simulation M1 M2 M3
Number 0 0 0 0 0 0
- kW kw kw kw kw kwW
41 59.1% 40.9% 70.1% 29.9% 72.0% 28.0%
42 63.6% 36.4% 76.6% 23.4% 78.9% 21.1%
43 69.0% 31.0% 84.1% 15.9% 87.4% 12.6%
44 72.2% 27.8% 88.4% 11.6% 92.4% 7.6%

3.8.2 Results using fixed compressfficiency

Figure22 shows the capacity comparison resulishot weathergimulatiors #1 to #8),
thecooling capacity of KC isnaverage 28.1% higher than that of BC. Ahdcooling capacity
of FT-VIC is onaverage 23.6% higher than that of B®d in simulatiors #1 to#5, cooling
capacities are limited by the maximum condensing pressure.

Figure23 shows the comparison of system COP. $totulatiors #6 to #8, the COP of
theKC is 12% and 11% lower than thatBC andFT-VIC, respectivelyForsimulatiors #1 to
simulation %, FT-VIC hasasimilar COP as that dfC. AndKCb s C OrRaverage 4% higher
than that oBC.

Table8 shows the breakdown of heating capacity whewm = -15°C. Asshown KC
dramaticallyincreaseshe heating capacityeducing the PTC heater percentage and improving

system COP. Comparedttee BC theheating capacity ahe KCis onaveragamproved by

28.8% whenlamp=-15°C.
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Figure 22: Capacity comparison(fixed compressorefficiencies)
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Figure 23: COP comparison(fixed compressorefficiencies)

Table 8: Breakdown of heating capacity wherl amb = -15°C (fixed compressor efficiencies)
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Simulation M1 M2 M3
Number 0 0 0 0 0 0

- kwW kw kw kwW kw kwW
41 49.6% 50.4% 55.8% 44.2% 62.6% 37.4%
42 53.0% 47.0% 59.9% 40.1% 67.7% 32.3%
43 57.1% 42.9% 65.0% 35.0% 74.1% 25.9%
44 59.4% 40.6% 68.0% 32.0% 78.0% 22.0%

3.9 Heating performance comparison

The previous calculatioaimedto meetthetarget cooling or heating capacity and then
comparehesystem COP. However, the advantage of KC is piogithoreheatingcapacityat
thesacrifice of more power consumptigknother parametric study was performedghow how
much KC can provide more héaj capacity compared to BC and-VTC with the same speed
In this parametric studys wasfixed at 3,000 RPMANnd Nm, rangel from 3,000 RPM to 8,000
RPM. However, not all calculatisrwonverged. Here only the caseisereall three models
convergedarediscussedCompared to BC an@lamp=-5°C, KC onaverage increases heating
capacity and decreases COP by 34.0% and 28.6%, respectively. And when comB&-addo
Tamb=-15°C, KC onaverage increases heating capacity esdaehses COP by 32.2% and
22.7%.Compared td-T-VIC and Tamb=-5°C, KC on average increases heating capacity and
decreases COP by 25.7% and 25.8%, respectively. And when compBkiet 6 and Tamp= -
15°C, KC onaverage increases heating capacity andedses COP b30.1% and18.9%. In
addition, the increment of capacity increaseNlascreases. And the reduction of COP

decreases d$n increases.
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condenser capacity comparison: -5°C
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Figure 24: Heating performance comparison

3.10 Annual energy consumption calculation

To evaluategheannual energy consumption of cycles, thethod used in LCCP

evaluation16,17]wasused

The first step of annual energy consumption is to process the weath@r\#&.

databas¢56] wasused, which includes hourly weather data of adgioneteorological year for

various location#n theU.S.A. In addition to the existing data from the TMY 3 databaseag

necessary to calculatiee mean radiant temperature for each hour, whiaklater used irthe

thermal comfort model. The equatiasr inean radiant temperature is shown below.



o~ o~ pxX v (39)
(ONUR I

Where, 0 is accumulated solar radiaticand its unit iSVh/n?. One limitation of the
above equation is that the accumulgelar radiations mondonically increasingwhich leads
to inconstantemperatureacrossmidnight To solve this probleng correction factowas
applied Becausesolarradiation usually caps at 15:00 asélmost norexist at 20:00, the
correction factowas set al before 15:00 and O after 20:@0linear functionwasused in
between.

Based on SAE standard J2786], thetemperature bin methoslasused to process the
weather dataAnd the average value$ each temperature bimereused. Same as the standard,
only the datdbetween 6:00 and 24:@@ereused duringhe calculation.

In this study, dry bulb temperaturegregrouped into eight binSix ranges from20°C
to 40°C with 10C intervak. And the restwo bins cover both endafter grouping,the
frequency (percentage over a typical meteorological yaagyage temperaturayerage relative
humidity, andtheaverage mean radiant temperatwescalculated.

After processing the weather data, a cabermal comfort moddb7i 59] wasused to
calculate thenanualy controlled ACon-time. The below equationsalculated théredict Mean
Vote (PMV).

000 ™ ne s mcy O O O O & Y 6 (39)

(0] o8t LU 0 TBT TIX N (40)
0 mMcd v (41)

O  mrpYovYox (42)
0 min@iot Y (43
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Y o&%e pmQ Y ¢xo Y ¢XO (49
0 QQ"Y Y (45
WhereM is therate of metabolic heat productidgyi is therate of heat loss froitie
evaporation of moisture diffused through the skKwgy is therate of heat loss from sweat
evaporationEresis therate of evaporative heat loss from respiratioss is the rateof
convective heat loss from respiratidtis radiation heat loss frotheskin, C is therate of

convective heat loss frotheskin. The equationiselow calculate thpartial vapor pressure in

the air[60].
; Qp° ~8 "8 h Y T
L p8 - (46)
@ppPRU 8 8 h Y m
YO
. YO 4
n X -y (47)

And theclothings outer surface temperatufe couldbe calculatedisingthe equationselow
through an iterative process.
Y O& T8rgYu (48)
Y YR O Qaé'Y 6 (49
The clothing area factavascalculatedby:

p8t TR'Oh O mAWa ¢

©  o8tu T®OR O T@ha ¢

(50
Wherel clo = 0.155 rfK/W. The convective heat transfer caeitint couldbe calculated by
usingthebelow equation

N A YY Y B (51)
And thebelow equatiortould calculate thpercent predicted dissatisfied (PRW@hich is also

the system oitime.
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Ambienttemperature and relative humidiyereused to evaluate thermal comfort. In this
calculation, itwasassumed that the rate of metabolic heat produetasi.5 met (driving,
=87.15W/m?), and the air velocitywasassumed to b@.1 m/s[16]. As for the clothing
insulation in cooling modd¢ = 0.61 clo(trousers, longsleeved shtj, and in heating modk, =
1.01 clo(trousers, longsleeved shirt, longleeved sweater,-3hrt) [58].

Polynomialequationswvere fitted based on simulation results mentioned in the previous
chapter. These polynomiauationsverefunctions of vehicle speed amgereused to predict
system capacity and power consumptibime vehicle speedascategorized into four categories,
and te relationship between outdoor heat exchanger air face velocity and vehicle speed is listed
in Table9. In addition to the compressor power consumption, fan poxsalso considered,

which was calculated by using the profile providethemGreerRMAC-LCCP tool[17].

W W W (53

Table 9: Vehicle welocity profile

Speed categgr Vehicle velocity Outdoor HX air face velocity
- km/h m/s

Idle 10 15

Low 25 2

Medium 65 3

High 80 4

To calculatethe annual energy consumptidine energy consumption for one full driving
cyclewas first calculatedA driving cycleis a vehicle speed profitbatmimics actual driving
behavior In this study, the driving cyclesed inthe calculationis a combinatio of the Federal

Test Procedure (FFP5) and the Highway Fuel Economy Driving Schedule (HWHRU).
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Figure 25: Driving cycle: FTP-75+HWFET

The energy consumption of one driving cycle was performed sdnpadcond using the
abovementioned polynomiatuations In addition to take the effect of relative humidity into
the calculationtherelative humiditycorrection factor from SAE standard J2766] wasused
to correct cooling capacity. Sincedid not includea correction factor for 45°C, the correction
factor for 35°Cwasused for 45°C case

The annual driving distanc®4nny) wasassumed to be 20,050 K&6], equivalent to
roughly 586 drivingcycles The total number of driving cyclegsthenassignedo each
temperature bin according to their percentage. And the annual energy consuwvagtion

calculated byhe below equation

-~ -~ o~

W 3 @ n @ nea UVYNao (549
Wherenpc is thetotal number othedriving cycle,Wqc is the power consumption of one driving

cycle,pcty is thepercentage of each temperature Qii,is the percentage ahe manualy

controlled system on timectv is the percentage of manuwlcontrolled, angcta is the
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percentage aheautocontrolledsystemln this studypciv wasassumed to be 65%nd for the
autocontrolled system, its system-time wasassumed to be 100%.

The calculation result dM4c shows that wheflamb=-15°C,Wadcof KC is 14.1% and
3.1%lower than that of BC and FVIC, respectively. Of course, carrying additional weight
diminishesenergy savingsAccording to Wess et al[61], a typical passenger car consumes 0.6
+ 0.1 kWh energy per 100 km per 100 kg. Therefore, we set incremenigy eoesumption
(IEC) to be 6x10 kWh/(kgxkm).The weight of BGvasthe default value from th&reen
MAC-LCCP too| and it was assumed that the-¥IC had the same weight. While the KC was
assumed to have 25% more weight due to additional componentstasttaing in the extra
energy consumption due to carrying additional weight, the ersargiyng was reducea 13.8%
(vs. BC)and2.7%(vs. FT-VIC). This energysaving helps extend the driving distance of the
vehicle in extremely cold weather.

The aanual eergy consumption of all locationstime TMY3 databasevasevaluated.

And these results were then averagethiestate to creatstatelevel results.

3.11 LCCP calculation

As mentioned in the literature review, LCCP consists of two parts: direct emission and
indirect emission. Thdirect emissiowascalculated byusng the same method and number
from the SAE J2766 standafd6].

Belt efficiency and alternator efficiency were removed fthexcalculation as the betto
longer drives the compressand the electricity directly comes fraime battery. Instead, two
efficiencies were introduced to the model. Onneelectricitytransmissioranddistribution
efficiency— . According to US. EPA, roughly 5% of eledtity is lost during transmission and

distribution[62]. Therefore, in this studfa = 95% The other added efficiency éharging
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efficiency ficharge A typical lithiumrion battery has 80% to 90% charging efficie[8y,64] As a
result, in this studyharge = 85%.

The conversion factor mentioned in the standard was for fossil fuel. However, in this
study, the electricity comes from power planThereforethe conversion facto€; is obtained
by timesthe U.S. average emission factd®5] of each greenhouse gas with its GWP ¢yéar
time horizon)[66]. The equation for solving LCCP is shown below.

066000 VoW | WEEQUBQDI Qf ¢ (55)
00l Qi i Q¢ ¢
"0®0Q QI WHHO 6 & QD QDN QQ (56)
0O 0Q QI VHHBHQQ QO IQE 6 QI
08 QQOOQO I Q¢ ¢
"0Om 0"0¢ QQIIQEDNHD 64 N QI B QE ¢ (57)

"O0 008 'QQIQIQEGQQ QO IQE & O Qi

‘0t QOD QO FONEED 6 N Q1 HOWE £ QVART - - (59
‘0t QORQQD FODEET GE i AET O DO QE
(59
GQMWO ‘0060  §OnQ - 6
6 "oeh 6 oah & oah 6 (60)

As mentioned before acrying MACs also consues energy. Equatiq®9) wasused to
account foithe emission caused yansportation.

The nput variablegor LCCP calculatiorare listed inTable 10 whose alues come from
GreerMAC-LCCP tool version 3f17] and SAE J2766 standatb]. VIC is assumed to have

the same weighds BC, and KC is 25% heavier than BC due to additional required components
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Table 10: Parameters for LCCP calculation

Parameter name Unit Value
Refrigerant chargeBC) g 550
Charge ET-VIC) g 550
Charge KC) g 687.5
Refrigerant lost itheassembly g 3.5
Leak rate glyear 8.8
Leakage before service g 200
Leakage due to accident glyear 17
Vehicle lifetime year 9
Percentagef DIY service % 25
Leakage duringrofessional service g/service 35
Leakageduring DIY service g/service 52
Loss from can heels during professional service g/service 5
Lossfrom can heels during DIY service g/service 108
Weight BC) kg 20.2
Weight FT-VIC) kg 20.2
Weight KC) kg 25.25

3.12 LCCPresults

3.12.1 Results using empirical compressdiiciencies

Figure26 shows the simulation results of annual operating energy consumption across

theU.S.Note that this calculatiodid not consider the energy cost to carry the sys@werall,

southern and northern states consume more energy due to high cooling or heating demand.

AlthoughFT-VIC hasahigher COP than BC in adimulationscenarios, its capacity is also

higher than thadvf BC. As aresult itstotal power consumption could be higher than that of BC.
The calculation result shows thd2 has the lowest energy consumption in 34 states, which
makes it the most efficient mode. M3 has lower energy consumption than MEtat@4, most

of which are northern states. And it has lower energy consumption in these states mainly due to

its high efficiency in the heating mode. And in all stak$3 has higher energy consumption than

54




M2 as M3 has lower COP in masitnulationscenams.On average, the annual energy

consumption of M3 is 1.3% higher than that of M1 and 3.0% higher than that of M2.

Power consumption, kWh
300

700

600

500

M3

- 400

300

200

M1: #1-40: BC
M2: #9-36: BC / #1-8&#37-44: FT-VIC
M3: #9-36: BC/ #1: FT-VIC / #2-8&#37-44: KC

Figure 26: Choropleth mapsof annual operating energy consumptionempirical
compressor efficiencies)

Figure27 shows the choropleth map§LCCP simulation result8ecause all states
share the same conversion factor, the pattern remains like the choropleth maps of annual
operating energy consumptidvi2 has the lowest LCCP in 3ateslike the annual operating
energy consumption resslAlthough M3 is more efficient than M1 manystates, the
additional emission caused by carrymgraweightreducs its advantage. The LCCP of M3 is
lower than M1 inl1 states. And because M2 is more efficient than M3, its LCCP is also lower
than M3 inall statesNationwide averaged data show that M3 has a 3.0% higher emission than

M1 and 4.6% higher emission than M2, while the emission of M2 is 1.5% lower than that of M1.
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Figure 27: Choropleth mapsof LCCP CO2-equivalent emissionempirical compressor
efficiencies)

Figure28 shows the breakdown of LCCP at various selected locations. Because the GWP
of R1234yf is extremely small, the direct emission is negligible.sldm@ficantcontribution to
LCCP is operating emissignfollowed by transportation emissianAnd the last portion that is
visible is the manufactur@nd eneof-life emission As mentioned before, thoudiT-VIC hasa
higher COP than BC in hot weather, its cooling capacity is also higher, which could lead to
higher pover consumption. As a result, for cities wathot climatelike Phoenix and Miami, M1
hasthelowest LCCP And inthecold region, M2 hathelowest LCCP amonthethree cycles.
In addition, in coldcitieslike Bethel,the excellentheating performance of KkelpsM3 have

lower LCCP than M1.
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Figure 28 LCCP COz-equivalent emission breakdown at various locations
Table 11. Percentage of each temperature bin for selected cities
'tl)'ienmp. PHOENIX| MIAMI | BETHEL | LOS ANGELES| BOSTON| BALTIMORE
>40°C 6% 0% 0% 0% 0% 0%
30°Cl 31% | 13% | 0% <0.9% 2% 5%
40°C
ZOOCT 0 0 0 0 0, 0
30°C 29% 75% 1% 25% 23% 30%
1OOCT 0 0 0, 0 0, 0
20°C 28% 12% 23% 73% 30% 30%
20(;:(': 6% <0.5% 34% 2% 32% 25%
010% C 0% 0% 21% 0% 12% 9%
-20°Ci 0 0 0 0 0 0
10°C 0% 0% 17% 0% 1% 1%
<-20°C 0% 0% 4% 0% 0% 0%
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Table 12 Manual controlled systemon-time percentage for selected cities

Temp.
bin

PHOENIX

MIAMI

BETHEL

LOS ANGELES

BOSTON

BALTIMORE

>40°C

100%

30°Ci
40°C

100%

99%

96%

100%

100%

20°Ci
30°C

21%

36%

10%

17%

25%

28%

10°Ci
20°C

41%

25%

55%

23%

37%

39%

0°Ci
10°C

61%

86%

98%

80%

98%

98%

-10°Ci
0°C

100%

100%

100%

-20°Ci
10°C

100%

100%

100%

<-20°C

100%

3.12.2 Results using fixed compressor efficierafficiencies

The choropleth maps of annual operating energy consumption using fixed compressor
efficiencies are shown iRigure29. Because this calculati@oes not limit the pressure ratio
KC6 s a dv an twegteesreenlargedThd resulindicateshat M3 has lower annual
energy consumption thdfr-VIC in 7 states, all of which are northern states. And M2 has less
energy consumption than M1 in 29 states.average, M1 has annual energy consumption
similar to M2, and M3 consume3.0% more energyhan M1. Note that in this calculation, the

cooling and heating capacity under extreme condititifisrs between cycleKC hasthe

highest capacity, followed byT-VIC.
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Figure 29: Choropleth mapsof annual operating energy consumptionfixed compressor
efficiencies)

Figure30 shows the choropleth maps of LCCP across the U.S. 8iadeChasamuch
larger system weight and refrigerant charge, M3dtagher LCCP than M2 in every state. And
on average the flerence is4.%. M2 also has lower LCCP than M1 in 29 states, but the
difference isminimal on averagewhich is 0.2%.
Figure31shows the breakdown of LCCP at various locai¢tmBethel, M3 has the
lowest LCCP due to cold weathétowever,M3 tends tdhave the highest LCCP amotige
three cyclesn other citiesOverall, the trend is the same as the case where empirical compressor

efficiencies were used.
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Figure 30: Choropleth mapsof LCCP COz-equivalent emission(fixed compressor
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Figure 31: LCCP CO2-equivalent emission breakdown at various locationffixed
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3.13 Chapter summary and conclusions

In this chapter, thermodynamic models were developddedfasic heat pump cycle
(BC), flash tankbasedvapor injectiorheat pump cyclé=T-VIC), andkangaroo heat pump cycle
(KC). In thosemodels, heat exchangexgremodeled using fixed approach temperature. And
compressor modelsereefficiency-based semempirical models. Aimulation matrixderived
from SAE standard2765 was used to calculate cycle performafike.annuaknergy
consumption of each cycle was calculated at every locatidrecorded irthe TMY3 database.
And LCCP value was evaluated as w&he simmary of simulation results shown below:

1T Effect o-¢yclekc@hipessa spbed:

o0 When the target cooling or heating capacity is fixed, increabegub-cycle
compressor speed lovesLOP. Thereforepperatinga sub-cycle compressor at
theminimum speed (3,000 RPM) is the most efficient stpafer the given
simulation matrix

1 Heaing performance comparison:

o0 Whenthemain compressor speed is the same, KQlmalsighest heating
capacity andhelowest COPWhen compared tBT-VIC and™Y p voJ
KC on average increases heatgapacity and decreases COP by 20.1% and
18.9% respectively

9 Simulation results based ¢ime simulation matrixTable5):

o Since thegrimarypurpose oFT-VIC and KC is to increase heating capacity, they
areonly usedn extreme conditions. Because the @ogland heating loads are
small whenTampis between 25°C and 5°C, BC is used in these conditions. This

arrangement results in three operating modes:
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A M1: use BC for alconditions

A M2: use BCfrom simulatiors #9 to #36 and usgT-VIC for therest of the
conditions

A M3: use BCfrom simulatiors #9 to #36 and uskC for the rest
conditions Note that irsimulation £ even minimum compressor speed
leads to higher than limetd discharge pressure and temperatinen
using empirical compressefficiencies As a result, FIVIC is used in
this circumstance.

o Use empirical compressor efficiencies:

A BC has the highesboling capacity whemamp= 45°CandVo = 1.5 m/s
asthe FT-VIC and KC mode were limited bythe maximum compressor
overall pressie ratio.

A Due to the maximum compressor overall pressure ratio limitfibnIC
and KC models show similar cooling capaciiretiotweather
(simulatiors #1 to #8).0On averagethecooling capacity of KC i8.8%
higher than that of BC. And cooling capgaitf FT-VIC is 10.0% higher
than that of BC.

A WhenTamp=-15°Cheating capacity of KC isn average 25.1% and 3.5%
higher than that of BC aridTl-VIC, respectivelyWqcof KC is 14.1% and
3.1% lower than that of BC and FMIC, respectivelyAfter factoring in
the extra energy consumption due to carrying additional weight, the

energysaving was 13.8%vs. BC)and 2.7%vs. FT-VIC).
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A VIC hasthehighest CORn themost extreme conditions. The only
exception is whehY p vdJ where KC haghehighest COPUnder
this condition, all cycles failed to reatiretarget heating capacity. Since
the vapor injection compressor pressure rdtiesnot reachts maximum
yet, KC can delivea higher heating capacity th&T-VIC. And KC hasa
lower COP than \C in most casebecause the energy saved by reducing
themaincycle compressor speed is less tharatiditionalenergy
required by the subycle compressor.

o0 Use fixed compressor efficiencies:

A Because the maximum pressure ratio limitation is removed hé@sthe
highest cooling capaciiy hot weathe(simulatiors #1 to #8) On
averagethecooling capacity of KC is 28.1% higher than that of BC. And
cooling capacity oFT-VIC is 23.6% higher than that of BC.

A WhenTamp=-15°Cheating capacity of KC isn average 28.8% and
13.5% higher than that of BC aRd-VIC, respectively.

A FT-VIC hasthehighest CORn most hot weathethe COP oKC is 12%
and 11% lower than that die BCandthe FTFVIC.

1 LCCP:
0 Use empirical compressor afiiencies:

A For annual energy consumption, M2 has less energy consumption than M3
in every state and has less energy consumption than M1 in 34 states. And

M3 has less energy consumption than M1 in 21 st@esveraggethe
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annual energy consumption of M31is3% higher than that of M1 and
3.0% higher than that of M2.

A For LCCPtheLCCP of M3 is higher than that of M2 in every state. And
LCCP of M3 is lower than that of M1 ihl statesOn averageM3 has a
3.0% higher emission than M1 and 4.6% higher emistian M2, while
the emission of M2 is 1.5% lower than that of M1.

0 Use fixed compressor efficiencies:

A For annual energy consumption, M2 has less energy consumption than M3
in 43 states and has less energy consumption than M1 in 29 states. And
M3 has lessmergy consumption than M1 in 22 statdad the states
where M3 has less energy consumption than M2 are northern §ates.
averagethe annual energy consumption of M3i8% higher than that of
M1 and M2.

A For LCCP, becaudéC has additional system weiglits transportation
emission ignore significanthan other systems. As a resthie LCCP of
M3 is higher than that of M2 in every state. And LCCP of M3 is lower
than that of M1 irl8 states. And LCCP of M2 is lower than that of M1 in
29 statesOn averaggthe LCCP of M3 is4.9% higher than that d¥12.

o Operating emission is thaost significanpart of LCCP, followed by
transportation emission. And because the GWP of R1234yf is ney, she

direct emission can be negledt
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4 Dynamic automobile air conditioning systenodel and transient
simulation

4.1 Dynamic automobile air conditioning systenodel

Dymola isacommercial software widely used for transient simulatibis essential for
thedynamic modeling of automatic air conditioning systems (MAgesjause atheir highly
transient behavior during driving. Thdgnamic MACsmodel was developed this studybased
on the CEEE Modelica Library (CMUp7]. System componémnwere modeled individually and
couldbe connected to create cycle models. There are three typespbnentodels:
compressor, heat exchanger, axpansiorvalve. Sincghecompressor anexpansiorvalve
havea relatively smalinternalvolume compare to heat exchangers, they have tagsmal
inertia than heat exchangeAlso, their response tinte input variations shorter. Thereforéhe
compressor anthe expansionalveweremodeledfor aquasisteadystatemodel In other
words, they share the same governing equations with their sstatlymodelThe modeling of
theheat exchanger is much more complicasalitsdetailsareexplained in the following

sections.
4.1.1 Modeling approach and validation ftine component model

4.1.1.1 Compressr models
In Dymola, compressemweremodeledfor aquasisteadystae model The compressor
modelcompriseswo subbmodek. alumped control volumenodeland a compressor base model.
The compressor base model is the same model usleethermodynamic rodel so is
notdiscussed here for brevity. The lumped control volume is a simplified refrigerant control

volume, which sets the number of segments to 1. Detailsacfdiscussed in sectioh1.1.5.1.1
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Thelumped control volumadded herevasused to ®retherefrigerantandis located between
thecompressomodelinlet ports and thanlet of thebase model.
4.1.1.2 Expansion glvemodel

Theexpansiorvalvewasmodeled as a simple orifice. Its governing equation is as

follows.

I 0 vy Fraa—y
6 90 (@) 3 (61)
Whereu is the input signal indicatg the opening of the valv€, is the flow coefficient of the
valve,D; is the inner diameter of the valve with maximum openings the inlet refrigerant
density, andp @ds the pressure drop across the valve.
When using this model, it is connected to a PID controller, whichsgkathput signalo

based on the monitedresult Typical input signals areompressor suction superhagtand

discharge superhea.

4.1.1.3 Accumulator, receiver, and flash tank models

In CML, theaccumulator and receiver are the same nsosligh different geometry
setugs. Inboth modelsthe refrigerant is assumed to be separated perfectlye accumulator,
the inlet port hathesame height as the outlet port, and they are located near the top of the tank
so that the outlet flow is vapoFhe outlet port is located at thettomof the receiverensuing
the outlet flow is liquidThe accumulator tank itself is modeled as a lump control volume. And
its refrigerant qualitys also the ratio of liquid level over the tank heigtte below equation can

calculate the outlet emhlpy of the accumulator and receiver model

I ETaQ 0'M £0 O O

, Y. 0 0o , .

Q 0 ——p—— M0 0 O 0 (62)
vl A GHQ 0" EO 0
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WhereHievelis the liquid level inside the accumulator or receiris the height otheoutlet
port, Do is the outlet port diametéh, is dew point enthalpy, artul is bubble point enthalpy. This
eqguation indicates that if the outlet flow wants to be subcodaled)ithe tankmustbe filled
with liquid first, andvice versa.

The flash tank model is a specialized accumulator maitlelone liquid outlet port and
one vapor outlet port. In the flash tank modelet and outlet porgeometryare no longer

modeledand thefollowing equations define the outlet enthalpy of liquid and vapor ports

E 0MEO §©)
Q ;i Q 0ME0 O s (63
E 0MeEO T
E 0MEO §©)
Q Q 0MEO O T (64)

E 0MEO )
WhereH is the height otheflash tank.
4.1.1.4 Cabin model

The cabin model was developed based on work teald68] and Lee et #9]. Its

governing equations are shown below.

0 ® a2y 0 ® av 6 o 8 Y Y O

Qo Qo C (65)

0 Yo Y Y4 ® Y Y

. QY .
0 W — "o Y Y (66)
Qo

. , , , x (67)

0 5% a FEooa FEooa R o T

Where equatiof65) is the energy balance equation. Onrigbt-handside, the first term
accounts for theooling or heating load. The second term is the solar radiation load. The third

term is thesensiblgpassenger load. The fourth term is the heat transfer bethveeeahicle
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surface and ambient air. And the last term is the load related to the |edileagd-quation(66)
accounts for the heat transfer betwéscabin compartment and the cabin room air. And
equation(67) is the mass balance equation used to calctliatehangén cabin relative
humidity. The cabin model was validated by udimg results fronHuang[70], and the

validation result is shown iRigure32.

70

Huang
10 Cabin Mode

O 1 1 1
0 2000 4000 6000 8000
Time (s)

Figure 32 Cabin model validation

4.1.1.5 Heat exchangers

The heaexchanger model is the most complicated in CMlwadsmodeled based on
energy, massand momentum conservation. First, a heat exchanger is separated into several
control volumes, which are volumesparticularinterest. The simplest form tie heat
exchanger model has three control volumagh-temperature side fluid control volume, wall
control volume, antbw-temperature side fluid control volume. The fluid control volume can be
further divided into refrigerant control volume, air control volyar@coolant control volume.
Sincethe fluid properties change a lot inside the heat exchanger and a single segment cannot
represent the entire heat exchanger correctly unless it is very short, each control volume is

divided into multiple small segments alomg fflow direction. During simulation, most
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calculations for the heat exchanger matelperformed in each small segment. And those
segments are connected through the governing equation. Before explaining tied can#iol
volumes and heat exchanger rabd wantfirst to explain some error sources that are in general
for all heat exchanger models:

1 Only one flow passage of each pass is calculated in the heat exchanger model. And this
flow passage is used to represent the entire pass. However, in exality passage is
unique. So, this simplification would bring some errors.

1 Anotherissuewith the simplificationmentioned aboves that it requires the number of
channelson both sides of the heat exchanger to be the s&herwise therewill bean
energy imbalancd-or a plate heat exchangehe number of channels on two sides is
often offset by oneln that case, the smaller number is chpaed the sidevith more
chanrelsgetsa correction factor fothe heat transfer area to keep the total heat transfer
area the samé@his approachhelps improve theno d e | 6 s , espedallyrwhen the
number of channels is high.

1 Refrigerant maldistribution in microchannel heat exgjasis not considered.

1 Other model simplifications, such as evaluatimg airside heat transfer coefficient only
once in the inlet, could also contribute to significantdeviation.

1 Headers are not model€ethe pressure drop is evenly distributed ajdhe channelvhen
the simulation reaches a steatgate

1 The experimental data may not be 100% accukhtéortunately, the uncertainty of

experimental data used in this study was not obtainable.
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4.1.1.5.1 Control volumes
As mentionedefore heat exchanger modelse assembled by individual control
volumes. Theyareexplained below:
4.1.1.5.1.1Refrigerantsidecontrol volume
In the steadystate model, energy flows into the control volusialways equal to energy
flows out. However, it is not the sametiretransient modelPart of the energy can be stored in
or released from the control volume.
The assumptions for threfrigerantsidecontrol volume are:
1 The refrigerant flow imhomogeneous flow, which means the vapor velocity is the same
astheliquid velocity in the twephase region. This assumption simplifies the calculation.
1 The refrigerant properties inside one segnagatiniform.
1 No heat loss

The governing equations for thefrigerantsidecontrol volumeare

QY B
=~ a0 a Q9 b (68)
Qo0
Q0
— 0 ) 69
a5 ¢ a (69

WhereU is the internal energyj is the heat flow to the wall, arM is the total mass. Depeind
on theselection ofstate variables, there are two methods to calcthatéeft side of the equation
The first method uses psage and enthalpy as state variabéeslthese two variables determine

all the other properties. The left side of the equation can then be written as follows:

QY | f% Qn . c% o) 0
Q0 © n P o 0 Q0 (70)
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QO . 1" Q1 " Qj .
Q6 Y12 Qo7 1 Qo (73

These equations are tgeverning equatiamns s t a n ahdwor#t wefl io most scenarios.
Poor mass conservation is a drawback of using pressure and enthalpy as state \zumbbes.
the truncation error, the total refrigerant cleang the closedoop system is not constant but a
fluctuaing value And thechangean therefrigerant charges affected by the solver tolerance and
simulation steps.

The other methotb calculate the governing equations is to usssure and density as

state variables. Thequationdecome:

QY . .1Q Qn ,1Q - Q”
20 © 3 Paoo 1 Q0 (72)
Q0 Q"
— 0 — 73
2o © Qo (73
And the change of enthalpy can be easily calculatetidgquationbelow
aQ raanrtaQQr
0. (74)

QOoT QT " Qo
It can then be added as the third state variélsieg pressure and enthalpy, one cafculate all
other refrigerant properteUsing this set of governing equations can improve the mass
conservation of the model. However, it is less robust and requingsoatime stepAnd
because the density calculation is purely based on its derivative rather than the refrigerant

property routineits derivativemustbe very accurat® calculate the densitorrectly.
The dorementioned governing equatiearefor transient simulation. Setting- and—

to Oduring the model initialization converthe transient model into a steashate model. This
approachs helpfulduring the componesevel steadystate simulation. In the cycle model, due

to nonlinearequations, the model ehallengingto solve and often results simulationfailure.
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The convective heat transfer from the refrigerside to the wall surface can be

calculated by using the basic convection equation
0 Q 67Y Y (75)

Wherehyet is the refrigerant side heat transfer coefficiénts the refrigerant side heat transfer
area,Tref is the refrigerant temperature angh is the wall temperaturéyer can becalculated by
empirical correlationsSincehyes is different for each refrigerant phasgherempirical
correlations are needed for each refrigerant phaske bteadystate simulation, one can select
which correlation to be used based on the refriggraase In thetransient simulatiorit is
essentiato prevent an abrupt changehr. The pical approach is to creadesmoothransition
when phase change happens. Hpiproachrequires knowindner in all phases and constrirgg
a smooth function between them. Therefore, in this stuelyof liquid, vapor and twephase
are calculategimultaneouslyAnd the smootlransitionis realizedusingthe fisplice Functioro
in Modelica.

Empirical correlationsre in general accurate. However, taegusuallynonlinear and
do not haveasmooth firstorder derivativeThisfact can triggeisolverchattering or stiff in
Dymola, makingthe modedMifficult or slowto solve Thereforegmpirical correlationare only
used during the componeletvel simulationin this study When the heat exchanger modgl i
used in systerAevel simulation, a simple heat transfer coefficient calculation method is used,
where it is assumed that the heat transfer coefficient is purely a function of refrigerant mass flow

rate.Thebelow equatiorcan calculate the heat transteefficient of each refrigerant phase.

G
0 ) — Q 76
O = (76)
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Wherehg is the heat transfer coefficient calculatediat CoefficientsK andn are 1 and 2,
respectivelyThis simplemodeldoes not require refrigerant propertiasd its derivative can be
quickly resolved. Therefore, it casignificantlyspeed up the calculation.

Similar to the heat transfer coefficietiie same equation also calculates the refrigerant
pressure drop irhe heat exchanger.

3 . a
— — (77

3N v a

Wherean) anda are the pressure drop and mass flow rate measured in the expeSimgiat.
to theheat transfer coefficiemquation thedefault valuefor K andn are 1 and 2, respectively.

A staggered schens®lves the governing equations inside the refrigerant control volume.
The mass and energy conservation equations are solved in one grid, while the pressure drop is
calculated in the staggered grid (offset by half the segment length).iy slmthe governing
equationsare decoupled and become easier to solve.
4.1.1.5.1.2 Air-sidecontrol volume

Theair-sidecontrol volumediffers from therefrigerantsidecontrol volume in two
aspects. First, the flow direction is differeAttypical refrigerantto-air heat exchanger has
crossflow configuration, which means that while the refrigerant flows from the pipe inlet to the
pipe outlet, the air flows from one side of the pipe to the other. Second, althouyi e
doesndt hav ¢hepaterapa is cohdensagleingthe condensatioprocessn
most cases. These differences maikesidecontrol volume unique compatéo other flow
control volume.

The assumptions for ther-sidecontrol volumes are:

1 Theair-sidemass flow rate is evenly digiuted into each small segment.
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1 Theinlet air temperature and humidity ratio calculate thesimie properties, which
avoids iteration in the calculatio8ince the mass flow ratef each segment is the same
the heat transfer coefficiend$ each segmemtrethe samendonly needed to be
evaluated once per timestep

1 There is no pressure drop on Hieside Except when the frost is taken into
consideration

The following governing equatiomsodel the akside control volume

, ~ 5 'Q’Y , N no .,Y uY 78
& Ofged® | 65 - B (78)
a Q—3~oo | O0fp — Of 1 5 1 (79
00 h h h
Where| — The first equation is used to calcul#te sensible load, while the second

eqguation is used to calculdteslatent load.
In this study, aito-refrigerant heat exchangers are microchannel heat exchangers using

louver firs. The heat transfer area is eakd by using the below equation

s ¢ O o & Y ¢ b Y (80)
¢ 00 & p 2 VOMWbo 0 QQQ

- 5 (81)
¢ 00 & p o VLA QE QQQ

WhereL. is tube lengthis is fin thicknessry is thenumber of firs, Tq is tube depthTh is tube
height,F; is fin length,Fq is fin depth.

The fin efficiency is calculated by theelow equatiofv1]
O Alakr
q e

(82
&
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a — (84

Whereh is theheat transfer coefficienks is fin conductivity,l is fin thicknessLt is fin height,b
is the fin heightThi s s heatdrgnéfer coefficient was calculated using empirical correlations
from Chang and Wang2].
4.1.1.5.1.3Air-side control volume for frost simulation
A frost formation model is added to the air side model to predidtdbeformationon
the outside heat exchanger in the heat pump mode. The model mainly follows the @@& of
[73]. Tospeed up the calculatipthe frost model used in this study iseahimensional.
The sensible and latent load calculation is similar to the air side control volame.
main difference is that the heat transfer temperature is evaluated based on the frost surface

temperature rather than the tube temperature.
N A O . . vy (89
d Wpj—3W oOp - O0r
h 9 | R A

é(,—(b%’olf‘)ﬁ—éﬁWﬁT (86)
During the frosing process, the water mass floate ¢ ) can be split into two partthe
diffusing mass flow rated( ) and condensing mass flow rate (). The former accounts for the
water vapor diffusg into the frost layer. While the latter represents the water vapor thas build
up the frost thickness.
a a a (87)
The frost layer is onrdimensional in each segmeand the frost density is assumed to be

homogeneous. Therefore, the equations from Breque and Ni&fheouldbe used to calculate
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the frost surface temperature and density chantut calculating the temperature profile of

the frost layer

Pa o 89

a 1 Y 1 Y (89
WhereDett is the effective diffusion coefficient, which is obtainedraultiplying the
diffusion coefficientDs) with a diffusion resistance fact(u).

o O (90)

A
(  — 91
O & m S p T (91

This studyuseshe diffusion factor from Brain et dI75].

X

oz (92)

I (93
T

T 5 7 ® (94)

Theeffectivefrost thermal conductivitykes) was calculated by usirthe correlation

proposed by.ee et al[76] (J s < 500 kg/ni).

~

Q m™ogopopnm” pPH T (95)
Theexperimental dataf Case #Xrom Breque and Nem¢gr 7] was usedo validate the
air side control volumeSimilar to their model, a correction fact@) on the air side pressure

dropis applied

3 XQ®TQ . O8TQY . THIPCC (96)

76



Wherels is the dimensionless frost thickness, which is definéd as — The coefficients of

the above polynomiadquationwere obtained by matchirige simulated pressure drop with the
experiment pressure drop.

Thevalidationresults are showim Figure 33to Figure35. The modekaptures the
capacity trend. As expected, the pressure drop matches well with the experimental data with the
help of the correction factor. And the rate of the frost mass increases matches the experimental

data very well.
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Figure 33: Simulated capacity vs. experiment data
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Figure 34: Simulated pressure drop vs. experiment pressure drop
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Figure 35 Simulated frost mass vs. experiment frost mass
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Because the heat load of each segment is different, the frost growth rate entlitier
Thisresultleads to vanus minimum flow aresand air mass flow rate maldistribution. Since

this calculatioralsoinvolves the fan model, i discussed in sectioh1.1.6

4.1.1.5.1.4Wall control volume
The wall control volume is much simplendit has only one governing equation:
. - , Q7Y

. : . Q7 9
T (97)

Whered and0 are the heat flows from each side of the w@jlis the specific heat capacity of

the wall,mis the total wall masg; is temperature, ands time.As mentioned beforehé heat

flows aredetermined inside fluid control volumds steadystate,0 is equal tad and— Tt

4.1.1.5.2 Outdoor heaexchanger model

The outdoor heat exchanger is a microchannel heat exchangéowvih fins. And its
face area is 0.147. The correlations used to soltre heat transfer coefficient aheair and
refrigerantsideare shown imable13. A 1.5 correctiorfactorwasapplied to both sides to
improve the modél s a c. Asumertiongd, the empirical correlation makes the model slow
andchallengingo use in the cycle models. Thus, the simple heat transfer coefficient is also
applied. In additionthe pressue dropwascalculated based on a regression mdeiglre36 and
Figure37 show the validation results of capacity and pressure drop, respedueiyg the
tests, the outdoor heat exchanger serves as a condemsenaximum deviation dfeating
capaciy is 15%.Thesimplehret model can capture the trend and has a slightly larger
discrepancy than the empirical correlations. As for the pressure drop, because the model was
fitted based on the experiment data, its deviation is less than 4%.

Table 13: Correlations for outdoor heat exchanger model

| Location | Variable \ Calculation method | Correction factor|
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Figure 36: Outdoor heat exchanger capacity validationifon-dimensionalized original unit:
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Figure 37: Outdoor heat exchanger pressure drop validationfon-dimensionalized
original unit: kPa)

4.1.1.5.3 Indoor heat exchanger model

The indoor heat exchanger is a microchannel heat exchangex laitver fin. And its
face area is 0.1, It uses the same heat transfer coefficient correlations and correction factor
as shown imable13. During the test, the indoor heat excharggwed agn evaporatorigure
38 showsthevalidation results of cooling capacityvhen using empirical heatansfer
coefficient correlationits maximum deviation is less th8#. And when using the simple heat
transfer coefficient model, the maximum deviation is less thamrA8bFigure39 shows the
maximum deviation of pressure drop, which is less thanQérall, the simple heat transfer

coefficient and pressure dropodelwork well.
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Figure 38: Indoor heat exchanger capacity validation ifon-dimensionalized original unit:
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Figure 39: Outdoor heat exchanger pressure drop validationr(on-dimensionalized
original unit: kPa)

4.1.1.6 Fan modelnd air maldistribution calculation
The fan model is a quasteady state model. The most important part of the fan model is
its fan curve, which calculad¢he air side pressure rise as a function of the air volume flow rate.
A secondorder polynomiakquatiorwasused to generate the fan curve.
30 W O 00 w 60 w 00 (99
Wherem ki is the pressure change of the fanis the coefficients,andCFM stands for cubic
feet per minuteThe data from SPAL VAIAP70/LL-61[79] wasused to create the fittindhe

coefficients are shown ifiable14, andthe fitting is plottedn Figure40. TheR? of the fitting is

0.993.
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Table 14: Outdoor fan curve coefficients

Parameter Value Unit
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Figure 40: Fan curve fitting results

Typically, theair mass flow rate is given to the modedtead of calculating it using a fan
model Depenthg on the simulation boundary, it can be a constant or a vatiztiehangs
over time.However, when frost happerhkjngs become much more complicated. As the frost
grows, the minimum airflow arekeeps decreasing. The frost growdtedepends on the
situation and ismpossible to predicBecause of this, the air mass flow reé@& no longebe a
direct input. Instead, a fan model is needed to calculate the air mass flawaatately

In thevehicle, the air stream pses through the frontal grill, radiator, and condenser.
When the vehicle is stationary, the sum of the pressure drop across the frontal grill,, racliator

condenser should equthle pressuresing across the fan. And when thehwge is moving, the
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air rammed on the grill causthe air pressure to rise, which isreferred s fir am ai r
air allows more air to pass through #ferementioned heat exchanger and impot®
performanceAccording to Ap et al[80], the ar side pressure drop passing through the cooling

compartment can be calculated by

30 30 30 30 30 (99
Where
~ P, . ,
30 c 6r (100
20 g 6r (109

And Cp grit = 2.0andCp,ram= 0.7. In this studythegrill is not considered antthe radiatoris not
presented. Thusp Brin andq Radiator are removed from the equation.
The heat exchanggrair side pressure drop is calculated by using the empirical

correlation from Kim and Bullar{B1] for louver firs.
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Figure 41. Louver fin geometry [81]
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£ 2A8 3— (102

o0 ° 0o °
0 0 0
where f isthefanning friction factorAnd the definition of the geometparametersan be found
in Figure41.
As mentioned before, because the air side contloimeis a segmenby-segment
mode] the cooling load of each segment is different depenoh the refrigerant side state. As a
result,the frost growth rate of each segmeaties This leads to air mass flow rate
maldistributian.
To efficiently calculate the air mass flow rate maldistribution, the approach proposed by
Qiao et al[73] wasusel. On top of the original equation, additional terms that factor in the ram
air effectwereadded to the calculatiofhe lelow section explasit in more detail.
Based on the mass conservation inside the fan, we can get
Baa " 3w (103

wherei is the segment index.

Then,the change of pressuat each time stegpan be approximated lige below

equations
. , - . 130 ,
30 a 3 30 a Ta 30 (104
3 , , . , T 30 ,
3 W 3w N W _ 3w
o (109
ot 7 7, et 7 T 3"6 7,
30 Y 3Y 30 Y TT Y (106

Where Pis the pressure drop of each heat exchanger seggp@t is the pressure change
caused by theam air.—— is the crivative of air side pressure drop with respect to the air
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side mass flow rate and evaluated at

is the derivative of fan pressurkange

with respect to the fan volume flow rate and evaluated at and is the

derivative of ram air pressuchangewith respect to the vehicle speed and evaluatéd at
Though the air mass flow rate in each segment is differergjitisede pressure drop
across the heat exchanger should beséimee for each segment, which leads to the below
equation:
30 30 30 (207

Substitute therevious pressure drop equations back into equéti@r), one can get

~

s ., 130 , . 1 20 ,
3V A , 3a 3L w —_— 3w
Ta Tw
(108
¥ ¥ T 3"6 ¥
30 Y o 'Y
Y

The equation to calculate the change of mass flow rate can be obtained by rearranging the above

equation.
. T 30 ,
30 - 3W
Tw
3 :
T 30
Ta
5 L T 3‘6 g 5 14
3U Y TTY Y 3V d (109)
T 30
Ta

Substitute equatio(109) into equatior(103), and rearrange tesby separating-0

and derivatives. One can get below equation
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Then, rearrange terms in the equatioput3®w on one side
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4.1.1.7 Lookup tabléor density

A significant calculation time was spent thermodynamic properties calls when doing
transient simulatiorReplacing the Helmholtz model with a leak tablecouldsignificantly
reduce the calculation timEor example, Mdelord SplinedBasedTableLookup SBTL)
model report& 33% shorter calcuteon time when compared to the short Helmholtz model and
has good accuradg2].

In this model, most thermodynamic propertiesrecalculated by Xpropg3]. When the
refrigerant state inside the control volupesesthrough the saturation liquid linéhe density
partial derivative changes dramatically and the model is promavi® convergence problem, or
simulationstiff. Becausehe function callvasimplementedn the form ofexternal functios
without derivative the Dymola solveneeadto calculatdts derivativenumericallyand the
modelcouldbe prolongedvhen phase change happdnToresolvethis issue, a lookup table
wasadopted in the modéb calculate h e R 1 8eBsityarfd Gsderivative

TheR1234yf density datvas generated from Refpr@pl [84]. The state variablesere
pressure and specific enthalgynd density was calculated in a 100x100 mesh grid. The results
were then imported into Dymola. ThModelica standard library CombiTable2iasused to
create théookup table. The interpolation methagsAkima spline interpolation, which
guaranted a continwus first derivative. Thigpproachallowedthe solver to find the first
derivativequickly and run the calculation smoothly.

Initially, the mesh gridwvas generatedith equal spacing on botxes. The specific
enthalpy ranges from 150 kJ/kg to 500 kJ/kg. And the pressure ranges from 32.5 88a.fb 3
kPa. In addition to the fitting data, validation data was generatedafstifted mesh gd, where

specific enthalpy and pressure were shifted by 5 kJ/kg and 0.5 kPa, respectively.
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The results were then compared to the Refprop data. It was found that when the grid size
was100x100 and rhequal spacinghough the averagabsolute errom densitywas8.3%, the
maximumerrorcouldbe as high as 70%he place witlthe highestabsolute errohappeed

near the saturation liquid lin@ne way ¢ increase the accuragythis regiorwasto add more
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Figure 42 R1234yf density lookup table error (%) in Rh diagram

To transform the gridanequidistancerid was first generated in the log10 space. Then
the generated gridastransformed back into normal space. In that way, more data poeres

sampled in lowpressure and lowpecificenthalpy regios as shown irFigure43.
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Figure 43: Grid example after transformation (10x10)

After grid transformation, the new lookup table has much better accuracy. The average
and maximunabsolute errorarere3.2%and 13.4%To further improve the lookup table, more
sample pointsvereadded. When the grid sizeas150x150, the average and mawim absolute
errorswere1.4% and 8.8%. And when the grid sizas200x200, the average anthximum
absolute errorarere0.8% and 5.0%ncreasing the grid size furtheould exceed the array
length limits Therefore, the 200x200 grid was used in this study
4.1.2 Cycle models

Once component models were developed and validated, they were bséd tycle
models. Methods were applieddimnplified models andpeed up calculation:

1 Theexpansiona¥l veds arrangement i s modi f i ed.
uses different valvesind a check valvieypasses the unused valt®owever, modeling

these details increastee complexity of the model and does not affect the actual system
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performancenuch Therefore, only useexpansiorvalves areincluded in thecycle
model.

1 Pipes are not included, which helps reduce the complexity of the model.

1 Accumulator is removed from the model.

1 Only the heating mode modeledand no mode switch is considered. Therefore,-four
way valves are not included in the model.

Figure 44, Figure45, andFigure46 show the diagrams oe BC, FT-VIC, and KC
modek, respectivelyValves arecontrolled by PID controlley whose signal comes frothe
sensor module. For tH&C model, PID is controlled bgheevaporator (outdoor heat exchanger
in theheating mode) superh&ad. For the FT-VIC model,the evaporator superheag also
controls the lowstage valveThehigh-stage valve is more complicated. In practice, it can be
controlled by the liquid level ins&dthe flash tank. Or, if an economizer is added, it can also be
controlled by a TXVIn this modelthe highstage valves controlled by the condens@ndoor
heat exchanger in the heating mosiecoolingIn addition, a simpl€ID control is added to
control the main compressordos speed, with
control is the difference betweéme cabin room temperature and the target cabin room

temperature.

92

a

c

a



P|Dtarget
3

SESSLI. .

IndoorHX

COMPRPI

: b
P/_V
P\Dtagget. 1} !
u . =]

IndoorHx
sysSum__.
@ fyste
detting

~ Cabin

max_RPM

2800

T_r_target
25+ .

mdot_evap
960

Tin_eva

1 8}

Figure 45; Diagram of FT-VIC model

93



Tin_cond a
[273...

g T |

P
jJ
P\Dt;rg... E{\]’_
m 3
I/ . d

PlDtarg...
5

==

1]

Figure 46: Diagram of KC model

4.2 Subcycleheat exdesignnger so
4.2.1 Boundary conditions

To design the subycle heat exchanger is necessary tcalculatethe appropriate
design boundarietcluding the inlet refrigerant pressyrgpecific enthalpyand target capacity.
This calculation can be done by usthg KC thermodynamic modehentioned in the previous
chapter To increase the accuracy of the thermodynamic model, Dymola simulationsvdCFT
were first performed to correct the heat exche

Forthe DymolaFT-VIC model simulations were performddr Tamp=-15 C cases

which are simulatiop#41 to #44 from the simulation matrix. And instead of controlling the
condenseoutlet air temperature, the compressor speed is fixed at 5,000 RPM. And simulated

time is 600 seconds, sufficient for the model to remsteady state in all scenarios.
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The simulation results are shownTiable15.

increases, its aside heat transfer coefficient, and air mass flow rate increase, which leads to

higher heating capacity.

Wh e n

t he

out do otocith e at

Table 15: Simulation results of FT-VIC Dymola model

Parameter Unit Case 1l Case 2 Case 3 Case 4 Case 5
T °C -15 -15 -15 -15 -15
&) A 1.5 2 3 4 3
a i on 9 9 9 9 9
Comp. speed RPM 5,000 5,000 5,000 5,000 8,600
1 W 2,415 2,553 2,704 2,777 3,708
1 W 3,033 3,191 3,364 3,450 4,805
W W 671 695 721 734 1,573
COP - 4.5 4.6 4.7 4.7 2.4
0 kPa 110 117 125 129 102
0 kPa 391 406 422 430 577
Y °C -20.6 -19.1 -17.5 -16.7 -20
Y °C 31.3 31.7 32.3 32.6 38.1
G Q1 0.015 0.016 0.017 0.018 0.026
Y og K 5 5 5 5 5
Ref. charge kg 0.74 0.74 0.74 0.74 0.74
Yok °C -20.2 -18.7 -17.1 -16.3 -19.2
Y op °C -25.4 -23.8 -22.1 -21.3 -24.2
Y og °C 4.4 -3.3 2.2 -1.6 7.5
Yo °C 20.7 21.4 22.3 22.7 295
0 kPa 121 129 139 143 127
0 kPa 121 129 139 143 127
0 kPa 380 394 408 416 550
0 kPa 391 406 422 430 577
0 kPa 195 207 219 226 202
G On 0.0144 | 0.0153 | 0.0163 | 0.0168 | 0.0222
G on 0.001 0.001 0.001 0.001 0.0038
YR °C -23.3 -21.6 -19.6 -18.6 -21.4
Y oi g °C 5.2 6.2 7.3 7.9 16.9
Yok K 10 10 10 10 10
oY K 2.1 2.2 2.4 2.7 2.9
0"Y K 1.3 1.4 1.5 1.5 2.2
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And since the increase of heating capacity is faster than the increase of compressor
power, COP increases as the outdoor heat exch
trend that was observed in the thermodynamic model.

The average approachmperature of the indoor and outdoor heat exchavgeen the
compressor speed is 5,000 RPM are 1.4 K and 2.4 K, respectively. And the result shows that
when the condenser subcooling is fixed, changing the condenser air flow rate does not affect the
approab temperature much. And an extra calculation was performed with an 8,600 RPM
compressor speed to evaluate the effect of compressor speed on the approach temperature. The
calculation shows a 0.7 K increase in the evaporator approach temperature, whiclkerg no
much. Therefore, the approach temperatures obtained at 5,000 RPM were used when designing
subcycle heat exchangers.

A modified KC thermodynamic model is used to calculatecutbe boundary
conditions. In the modified thermodynamic model, the sarassure drop calculation method as
the Dymola model was added. And the average approach temperature calculated invizagmola
used.

Thesame changes were made toRfieVIC thermodynamianodelto test its
performanceandwerecompared withthe Dymola modéresults Figure47 andFigure48 show
the comparison of heating capacity and compressor pogsgectivelyAs you can sedhe

model s6 r es ul twihadeziationbf less ¢hanyl%.we | |

96



4":' DD T T T T T T T T T

&
g
e i
- o~ -
3800 L
Pl
i AL _
3600 e
e
f,ﬁf
3400 F ﬁ‘.—“’x i
3 #
~ 4200 F +1D.-"l|:1 ﬁ’f” |
3] Z
m 47
P 3000 P 1% -
£ P
3 2800 ﬁgff" .
/
5] 3 Z
2600 | L -
&
r
| Zr i
2400 P
o2 L
&
200 _# -
e
é{fr
ZDDD i i i i i i i i i
2000 2200 2400 2600 2800 3000 3200 3400 3600 3800 4000
Dheaﬁng-ﬂymola (W)

Figure 47: FT-VIC thermodynamic model and Dymola model amparison, heating
capacity

97



1000 T T T T ] L L T L /
7,
Z, é/ %
950 Pl 1
27
7, 4/ i
900 i .
22
850 P ;
55
7
S 800 e g :
Z
()] 2 Z ]
i 750 é@/ 4 1%
= 700 Tl E
//é)
A 4/(
650 i ]
~ vod
P 7
600 | i .
Zr
<
550 7z .
&
L 4
SOD ' 1 1 [l ! 1 Il 1 [l 1
500 550 600 650 700 750 800 850 900 950 1000
W-Dymola (W)

Figure 48 FT-VIC thermodynamic model and Dymola model comparison, compressor
power

Because the idea tiie KCis to increase heating capadityextremdy cold weather, the
design is focused 0115°C. The boundary conditiofier the cycle model are as follows:

1 Subcycle condenser approach temperatoref( ;) is10K. And its subcooling i§
K.

1 Subcycle evaporator approach temperatareY( ; ) is5K. And its superheatg is 5
K.

1 Outdoor heaexchanger approach temperatwéY( ) is 1.4K. And its subcooling is 10
K.

1 Indoor heat exchanger approach temperatir¥ () is 2.4K. And its superheatg is 5
K.
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1 Ns=3,000 RPM

1 Nm=28,600 RPM.

1 The ambientemperature and cabin temperatare-15°C.
1 Relative humidity = 0%.

{1 Outdoor heat exchangair velocityis 3 & i .

1 The indootheat exchanger air mass flow rate isyJi .

The calculation results show that the heating capacity is 5.6 kwha@®DP of the
system without considerintpe PTC heater is 2.7. The target stjxle condenser capacity is 835
W. And the target subycle evaporator capacity is 646 W. Detafdesignboundaryare
discussedn the following chapters
4.2.2 Subcycle condenser design

The boundary conditions fdine sub-cycle condenser are shownTiable16.

Table 16: Sub-cycle condenser boundary conditions

TargetQ W 835

0 kPa 270

_ _ 0 kJ/kg 215
Main-cycle side & - 0.127
A kg/s 0.0321

5 kPa 379

Subcycle 0 kJ/kg 388

side Y °C 28.0
a kgl/s 0.0044

All sub-cycle heat exchangers areevronplate heat exchangeas they are compact and
are suitable foexchanging heat between two refrigerant flosd the design was performed in
PHEsim which is a steadgtate plate heat exchanger modeling tleloped by CEEEThe

correlations used are shownTablel7.
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Table 17: Correlations used inthe sub-cycle @ndenser model

Location Variable Calculation method
Singlephase HTC YanandLin [85]
Main-cycle side Two-phase HTC Kim et al.[86]
Singlephase pressure droy Modified Muley and Manglik87]
Two-phase pessure drop Khan and Chyi88]
Singlephase HTC YanandLin [85]
Subcycleside Two-phase HTC Yan et al[89]
Singlephase pressure droy Modified Muley and MangliK87]
Two-phase pressure drop Lockhart and Martinelj90]

The designed subycle condenser hasne plates, andheflow path configuration of the
designed susycle condenser is shownkiigure49. The blue line represents the maycle
refrigerant flow, and the red line represents thesudbe refrigerant flav. Arrows at the end of
lines indicate their flow directiorBecausehe main-cycle side haamore significantmass flow

rate, in this desigrthe maincycle side has ongassand the sulzycle side has two passes.

b 5 u

Figure 49: Sub-cyclecondenserflow path configuration

_

7

Detailed geomeic information of the designed sulycle condenser can be found in
Table18. It also includes the simulation results of the designed heat exchanger. The designed
heat exchanger has 842 W heating capacity, which meetsstgndequirement. Also, its
pressure drops on both sides are very small. Another finding is that tegdelside haa much
more significanpressure drop than the maiycle sideOne reason ithatthe maincycle side
only hasalow-quality two-phase flowbut the sukcycle side also has pure vapor flow in the
condenser inlet, which has higher flow velocity and Reynold numbercdbid leado ahigher

pressure drop on the salycle side.
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Table 18: Designed sukcycle condenser gometry and simulation results

Parameter Value Unit
Number of plates 9 -
Main-cycle side passes 1 -
Subcycle side passes 2 -
Length 100 mm
Width 62.5 mm
Channel hydraulic diameter 2.6 mm
Plate thickness 0.5 mm
Chevron angle 60 degree
Corrugation depth 2.2 mm
Corrugation pitch 6.25 mm
Surface enlargement factor 1.22 -
Capacity 842 W
Main-cycle side pressure drop 0.17 kPa
Subcycle side pressure drop 0.54 kPa

4.2.3 Subcycle evaporator design

The boundary conditions fdine sub-cycle evaporator are shownTiable19.

Table 19: Sub-cycle evaporator boundary conditions

Target Q W 646
0 kPa 244
. . Q kJ/kg 194
Main-cycle side 2y, °C 72
a kg/s 0.0230
0 kPa 89
. Q kJ/kg 201
Subcycle side o - 0224
a kg/s 0.0044

The correlations used thesub-cycle evaporator model are listedTiable20. The

correlations of singlphase flow are identical to that thie subcycle condenser model. And

correlations of twephase flow switches. Becausethe sub-cycle evaporatothe sub-cycle side

is evaporatingwhile the main-cycle side isnainly liquid-phase heat transfer.
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Table 20: Correlations used inthe sub-cycle evaporator model

Location Variable Calculation method
Singlephase HTC YanandLin [85]
Main-cycle side Two-phase HTC Yan et al[89]
Singlephase pressure droy Modified Muley andVianglik [87]
Two-phase pressure drop Lockhart and Martinelj90]
Singlephase HTC YanandLin [85]
Subcycle side Two-phase HTC Kim et al.[86]
Singlephase pressure droy Modified Muley and MangliK87]
Two-phase pressure drop Khan and Chyi88]

Figure50 andTable21 show the flow path configuration and simulation results. The
designed heat exchanger is identical to thecyiae condenser. And the calculated cooling
capacity is 678 W, which is 5% higher than the design requirement. And its pressure drop is also
minimal. Like thesub-cycle condenser, its stdycle side haahigher pressure drop théme
main-cycle side. Thisesultis because the maiycle side is mainly liquid flow, while the sub

cycle side has twphase flow and vapor flow.

[ 5 3 i

_

& 2 3
Figure 50: Sub-cycle ezaporator flow path configuration

Table 21: Designed sukcycle evaporator geometry and simulation results
Parameter Value Unit
Number of plates 9 -
Main-cycle side passes 1 -
Subcycle side passes 2 -
Length 100 mm
Width 62.5 mm
Channehydraulic diameter 2.6 mm
Plate thickness 0.5 mm
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Chevron angle 60 degree
Corrugation depth 2.2 mm
Corrugation pitch 6.25 mm
Surface enlargement factor 1.22 -
Capacity 678 W
Main-cycle side pressure drop 0.08 kPa
Subcycle side pressure drop 0.33 kPa

Since both sulgycle heat exchangers share the same design, only olmgdabmodel is
neededBecause the plate heat exchanger involves parallel flow in the model, running
calculatiors with heat transfer correlation often leadstsolverstiff. Thus,the simple heat
transfer coefficient model is used in the calculation. The input heat transfer coeffects are the
average heat transfer coefficient calculated in the PHHSble22 showsthe comparison
between PHEsim and Dymola maosiel

Table 22 Dymola plate heat exchanger model VS. PHEsIim model

HX Parameter PHEsim result Dymola result
Capacity 842 W 866 W (+2.9%)
Subcycle Main-cycle side 0.17 kPa 0.17 kPa
condenser pressure dr_op
irti)l:;cycle side pressurg 0.54 kPa 0.53 kPa
Capacity 678 W 655 W(-3.4%)
Subcycle Main-cycle side 0.08 kPa 0.08 kPa
evaporator pressure dr_op
irti)l:;cycle side pressurg 0.33 kPa 0.33 kPa

For the sukcycle condenser, the Dymola model shovist dnigher capacity, while for the
subcycle evaporator, the Dymola model slightly underpredicts its capacity.
One thing to notice is that the pressure drops predicted by the aredety small,

which is a bit unrealistic. In addition, this significanslpws down the model during the
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initialization. Therefore, when | used these models in the KC model, | set the pressure drop on

both sides to 10 kPa.

4.3 Steadystate simulation in cold weather

Steadystate simulatioewereperformed in cold weather to compare the performance of

three cycles. In this simulatiothe cabin model was removed. The boundary conditions of the

simulation are:

T
1

The ambient temperatures are set te33€ and-15°C.

To ensure that the simulation caacha steadystate, the air inlet relative humidity is set to

0%.

The indoor heat exchanger air mass flow rate is 9 kg/min.

Ram airpressure dropompensation is ignored by setting the vehicle speed to 0 m/s.

The target suction superhigggtis 5K. And the target condenser outlet subicmpils 5K when

it is possible to control.

For KC, the sulzycle compressor speed is fixed at 3000 RPM.

Because during the simulation, the compressor overall pressure ratio can be higher than the
maximum presse ratio | used when creating the compressor efficiency curves, to avoid
unreasonable compressor efficiency output due to extrapolation, fixed compressor efficiency
is applied in the simulation. The compressor volumetric and isentropic effidgesetto

70%. And the mechanical and motor efficiency is set to 90%.

Results are shown ifiable23. It can be seefiom the table that in terms of efficiency, BC is the

best. And in terms of heating capacity, KC is the @smparedo FT-VIC, when the ambient

temperature is15°C, KC increases heating capacitylt3/0® but increases power consumption

by 31.4%.And the ratio of the heating capacity increase over the power consumption increase is
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2.1.Whentheambient temperatuiis -5°C, KC increases heating cajgg@and power

consumption by13.9% and 31.0%And the ratio of the heating capacity increase over the power
consumption increase is 1Because this ratio is larger tharKC is moreefficient than the

electric heaterAnd the incremental heating capacity increases as the ambient tempesatire
However, the ratio of the heating capacity increase over the power consumption increase drops
as the ambient temperature droplsereforejt is more efficientat lower ambient temperatures.

Table 23. Steadystate simulation results

Parameter| Unit Tamb=-15°C Tamb=-5°C

- - BC FFVIC KC BC FFVIC KC

0 W 3647 3851 4202 4437 4903 5345
) w 834 908 1038 1322 1547 1796

) w 0 0 155 0 0 230
COP - 5.27 5.13 4.42 4.25 4.06 3.53
Comp speed RPM 8600 8600 8600 8600 8600 8600
0 w 4392 4661 5268 5618 6285 7156
Tindoor,air,out 0C: 63 77 106 233 267 311
Psuc kPa 130 128 124 183 176 169

Pinj kPa 0 250 287 0 368 430

Pais kPa 425 445 490 704 779 881

PR - 3.27 3.48 3.96 3.85 4.43 5.20
Tsup °C 5.0 5.0 5.0 5.0 5.0 5.0
Tsub °C 4.9 5.0 5.0 4.1 5.0 5.0
Fan flow rate] CFM 1103 1103 1102 1099 1099 1098

4.4 Transient simulatiomvith UDDS driving cycle

Mobile air conditiones or heat pumps always operate in a transient condition. Thus, it is
necessary to perform transient simulasitmevaluate their performance in driving conditions.
4.4.1 Boundary conditions

In this study, transient sifation was performed for three cycles unter below driving

pattern:
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1 5 mins idle +Urban Dynamometer Driving SchedlgDDS)
This driving cycle represents a typical driving pattern in the city. The duration iss&66Ads,
and the average vehicle speed (excigdhe 5 minutes idle) is 19.69 mgB1.69 km/h)and the

total distance is 7.45 ma€11.99 km)
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Figure 51: Driving cycle:5 mins idle + UDDS

Since the focus of this study is on the heat pump in extreme conditions, simulation was
performed in15°C conditios. The ambient relative humidity is set to 70%e subcycle
compressor speed is fixed at 3,000 RRWiich is hesame as the steadyate simulationand
all compressor models share fixed 70% volumetric and isentropic efficiency and 90%
mechanical and motor efficiency.

Table24 lists the parameters used in the cabin mdded assumed that onbynedriver is
inside the cabiwithout solar radiation. So, the soak temperature at the beginning of the
simulation is also 0°C.
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Table 24: Cabin parameters

Parameter Value
Number ofpeople(includes driver) 1
Sensible load per passenger 158 W
Latent load pepassenger 35W
Internal volume 2.4m?
Collective mass 150 kg
Internal HT area 8.77 nt
Outer HT area 14.9 nt
Solar radiation ow
Cabin initial temperature -15°C
Soak temperature 0°C
Air recirculation 50%
4.4.2 Results

Figure52 shows the heating capacity over time. It is clear that in terms of heating
capacity, KC has the highest heating capacity, followed by VIC. And BC has the lowest heating
capacity at any given time. Vehicle speed is also plotted in the same Igrgeherg the
heating capacity tends to increase when the vehicle speed .i§ higls because when the
vehicle speed increases, the airflow pagthe outdoor heat exchanger increases, which leads to
a rise in the suction pressure and density. As a reselitoimpressor discharge mass flow rate
increases and causes the heating capacity to increas®llQhe heating capacity is relatively
stable comparkto the vehicle speed change. Probably because the indoor heat exelvanger
flow rate is stablgand is performance change is mainly induced by the change of refrigerant
inlet states. Thenost significanincreasan heating capacity can be observed between 500
second and 600 secorsdDuring this period, the vehicle runs at its peak speed of the driving
cycle. And the ram air pressure rise dominates the air side pressure change and generates a much

higher outdoor heat exchanger air flow rate.
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Figure 52 Heating capacity and vehicle speed over time

Figure53 andFigure54 show theaccumulatedheating capacity and compressor power
consumptiorover time Because KC hakehighest heating capacity during the simulatibn
any given time, its accumulated heating capacity isthkshighest However ,its accumulated
power consumptiorsialso the highest duettwe addition of the subycle compressor arttie
increasd power consumption of the maaycle compressorvhich iscaused byhehigh
pressure ratio and mass flow radthe end of the simulation, the accumulated heating dgpaci
of KC is 148% higher than VIGnd 32.7% higher than BElowever,the accumulated power
consumption of KC is 32% higher than VIC and 64.4% higher than BG.expected, KC
consumes more energy and generates more heating capagitg55 shows the dain room
temperatur@and system COBver time.Since the fluctuation in the heating capacity is snihé,
cabin room temperature rises smoothly over tidmel because KC has the highest heating
capacity, its cabin room temperatumereasedastest. At tie end of the driving cycle, the cabin
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room temperature of KC is 3.6°C and 7.0°C highanthat of VIC and BC, respectiveljs for
the system CORhe cycle that produces the least amount of heating capacity has the highest
COP. And all COPs decrease ptiene. That is because as the frost is building up, the
evaporating pressure drops, which leads to a rise in pressure raidecrgase in suction
density.

Figure56 shows the mass of all frost over time dheloutdoor heat exchanger @ide
pressure drop over time. It can be seen that the frost is built almost lineartimovezxcept
roughly between 500 secaand 600 secorsdIn this period, the vehicle speed is high, and ram
air dominates the air flow rate passing through the outdairexehanger. The diow rate is
too high to maintain the latent load. Thus, the growth of the frost stops. It resumes until the air
flow rate decreases. Another trend that can be observed in this graph is the relationship between
air-side pressure dragnd frost thickness. As the frost grgwhe air side pressure drop rises over

time, as expected.
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4.5 Chapter summary and conclusions

This chapter discusses tevelopment ofhetransient modefor BC/FT-VIC/ KC and
the performance comparison between the three cyftessummaries of this chapter are as
follows:

1 Basicheat pumgycle BC), Flashtank-basedvaporinjectionheat pumgycle (FT-VIC),
kangarodheat pumpycle (KC) models and corresponding components maadetre
developed based ®EEE Modelica Library@ML).

1 Simulatiors wereperformed by usig the FT-VIC model. The boundary conditions are
the same asimulation #3, but instead of fixingheindoor heat exchanger air outlet
temperaturethe compressor speed is fixed at 5,000 RPM. Calculation results show that
theapproach temperature does not change much.

1 The obtained approach temperature was used to update the thermodynamic model, which
was used to obtain the boundary conditiongHersubcycle heat exchanger design.

1 Steadystate simulatioswereperformed withthe developed model. Results show that
when compaedto FT-VIC, at-15°C,KC increases heating capacity by.0%, but
increases power consumption by 31.4% when compared-¥dETANnd at-5°C, KC
increases heating capacity b§.96 but increases power cgumption by 31.0%Overall
KC is more efficient at lower ambient temperatures but can increase heating capacity
more at higher ambient temperatire

1 Transient simulatiocewereperformed withUrban Dynamometer Driving Schedule
(UDDS) driving cycles at15°C. Results show that KC heats the cabin faster than FT
VIC and BC but consumes more ener@ythe end of the driving cycle, the cabin room

temperature of KC is 3.6°C and 7.0°C higtienthat of VIC and BC, respectively. The

112



result also shows that whéme vehicle speed is high, the ram air will dominate the
outdoor heat exchanger air flow and increase heating capacity. In addition, the effect of

frost at-15°C is small, probably due to the low humidity ratio at low tempemture
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5 Centrifugalcompressodesignand performance evaluatidor future

MACSs with high cooling demand

Volume and weight are crucial for MACs. The space under the hood is always limited,
and the weighof MACs directly impacts the driving distance of the electric vehittereduce
the system size and weight, one can replace the scroll compressor with a miniature centrifugal
compressor. J. Van Gernej32] built and tested a centrifugal compressor that was 10 times
lighter than a traditional compresdor space applicatins. And Carréet al.[30] built a
centrifugalcompressor that was significantly smaller than the traditional scroll compressor for a
heat pump applicatiohose examples show the feasibility of miniature centrifugal
compressors. However, it is very dafdilt to design a centrifugal compressortfugkangaroo
cycle. Because the maaycle of the kangaroo cycle requires a compressor that has vapor
injection capability, which is difficult for a centrifugal compressor. And thecsybc | e 0 s
refrigerant massdiw rate is too small for a centrifugal compressor. Thus, in this study, a
centrifugal compressor was designed for a different cycle, which does not require vapor injection

and has a high refrigerant mass flow rate requirement.

5.1 Cycle schematics and operagiconditions
In this studya centrifugal compressor was designeddnEV whose battery generates
tremendous heat during fast chargimreeoperating modeareinvolved in this study: fast

charging mode, cabin cooling mode, and heating mode. Thaitsteediscussed below.

5.1.1 Fast charging mode
The most important mode in this study is the feastrging mode. Itschematic is shown

in Figure57. On the lowpressure side, only the battery chiller is activated. And on the high
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pressure side, there aredbrcondensers: air condenser (CON®)-temperature ater
condense(WCOND L), and higitemperaturevater condensgiWVCOND H). They are called
Awat er checause insteadofcdumping heat diretty the air, they dump hemtto a
liquid. The actubworking fluid is a 50% weightedthylene glycol and water mixtyrerhich is a
common antfreezer used in automohserhe two water condensers are connected to two
separate coolant loops. For WCOND L, it is connected with the Tenvperature Radiator
(LTR). For WCOND H, it connects to another radiator and a heat source. The heat source can be
thevehi clebdbs powertrain or the onboard el ectron
causethe coolant temperatute increasethe connected radiator is called Higlemperature
Radiator (HTR)In the following section, the coolant loop connected with LiJBalledtheLTR
loop, and the coolant loop connected with HERalledthe HTR loop. Note that COND, LTR,
and HTR are arranged series so that the outdoor air first peSOND, then LTR, and finally
HTR. This arrangement allows maximum utilization of the air temperature.

During the operatiorthe refrigerant discharged from the compressor first goes into
WCOND H and dumps heatto the hightemperature coolant. Then, itegthrough the
WCOND L and releaseheat to the lowtemperature coolant. Ideally, the refrigerant at this point
should be in the twphase region. So that when the refrigerant enters COND, it can maximize its
efficiency and create as much sabol as possible. The leaving refrigerant then tresttl the
evaporating pressure and enters the battery chilléch cools the coolant to the target coolant

temperature.
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Figure 57: Schematic of thefast-charging mode

5.1.2 Cabin coolingnode
The schematic of the cabin cooling mode is showFignre58. The highpressure side is

the same as the higiressure side, but on the lgwessure side, the battery chiller is replaced

with an evaporator. So that tead of creating cold coolant, the air conditioner now creates cold

airin the cabin.

Ambient
LTR
HTR

WCOND L

WCOND H

[ Evaporator |
Evaporator

-
Cabin

Figure 58: Schematics of the cabin cooling mode
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5.1.3 Heaing mode

The schematic of the heating mode is showrRigure59. In the heating mode, the cycle
is reversed. On the higpressure side, it is the cabin condenser, wprolideshot air for the
cabin. And on the lowpressure side, the HTR loop is used to recover the waste heat from the
powertrain and the onboard elextrcs, while the LTR loop is used to absorb heat from the

ambient.

Cabin
-

Cabin condenser

Heat [

WCOND H

>
Ambient
- .
LTR

| WCOND L

Figure 59: Schematic of the leating mode

Theactualsystem haall the components involved above mentioned mode&nd the
switching of modes can be realized by usiatye controlsin this study, to simplify the mote

separate models were developed for these three modes.
5.2 Thermodynamic model and simple analysis

Beforedesigrning the compressor, it is necessary to know the boundary conditisins

To do that, hermodynamic models thethree operating modegere developedsimilarto the
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thermodynamic models discusseddhapter3, heat exchangemeremodeled based on

approach temperatur€he previous model was developed in EBSwever,it becomes
challengingto manage unknowns when the program becomes more complicated. Therefore, in
this chapter, the thermodynamic models were developed in Dyhio#.built the component
models and theoonstrucedthe cycle model by connecting the refrigerant porthefequired
component modsl This approachallows me to build complex cycle models without wanrgy

about the solving procedurghe solver in Dymola alsuns faster focomplexproblens.
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Figure 60: n«ds diagram [91]

To roughly estimatéhecentrifugalc o mpr essor 6s si ze and speed,
compressor model based on thes diagram from Balj¢91] was developed in Dymold@he

definition of specific speed) and specific diametedd) are as follows:

G
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Wherev is the impeller rotational speetl, is the inlet volumetric flow ratepHis the adiabatic
head, and is the impeller diameteAs shown inFigure60, the nsds diagram consists of

multiple efficiency contoursThe leftmost point of each contour represents the minimum
compressor speed needecbhievethat compressor efficiencyhen the minimum compressor
speed required to reach any target efficie4-85%)can be easily calculated by using linear
interpolation between those data poiiste that thasds diagram is valid when Re = 2,000,000,
which may not béruein theactualcompressor desigithereforethe actual efficiencyt the
selected specific spd and diameter may not be the sa8iace this compressor model is also
efficiency-basedits governing equations are the same as all the other compressos model
discussedhn the previous chapters

Table25lists the boundary conditions for cycle simidat Due to the nodwlisclosure
agreement, the exact value cannot be shared. Instead, the percentage oficdapy@ged. In
this table, the fast charging mode (Datum) is the baseline, whatteeédy masgroducedCells
in other columns show the pertage difference between those conditions and the Datum
condition.The target coolingapacity in the fast charging mofie the new system ifsve times
the currentapacity The target cabin cooling capacity is the sasihe fastcharging cooling
capaity but at a much higher ambient temperature. As for the heat pump, since additional
electric heatersan provide heatinghere is no strict requiremeiotr the heating capacity.

Since the main focus of this study is the fast charging mode, the calculation was
performed under this boundary condition. The first calculation assumes that the compressor has
only one compression stage, and the results are shown inZkalrethe tableD: is the
impeller outlet diameter, and PR is the pressure ratio. It can be seen that the higher the rotational

speed, the smaller the impeller diameter needed.
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Table 25: Boundary condition of different modes

Fast charging| Fastcharging | Cabin cooling Heat pump
Mode

mode (Datum) mode mode mode
Target capacity 500% 500% -
Ambient temperature 25°C 45°C -7°C
Radiator air flow rate +37%/+17% | +37%/+17% +17%
Cabin HX air flow rate - 826% +826%
LTR coolant flow rate same same +7%
HTR coolant flow rate DATUM same same -71%
Power element heat same same 300%
Battery coolant inlet o500 ) i
Temperature
Battery coolant flow

same - -

rate

At the peak speed, the estimated impeller diameter is only 31 mm, even smaller than a
wristwatch. However, reaching such a high speed with afogier output is almost impossible.
At the lowest acceptable speed, the impeller diameter increases to 12¢hiaimis still small.

In addition, because the impeller size is very smadliling many blades toig impossible. Thus,
reachinga high pressure ratio could lhallenging A two-stage compressor should be a more

appropriate desigroghat theequired pressure ratio of each compression stage can be smaller

and easier to achieve.

Table 26: Rough compressor performance estimation (singistage)

Parameter ds Ns d speed D> PR a COP

units - - - KRPM m - kg/s -
4.0 0.64 0.85 141.1 | 0.031 5.7 0.2 2
54 0.47 0.80 104.2 | 0.041 57 0.2 2
6.4 0.39 0.75 86.5 0.049 5.8 0.2 2

R1234yt 76 | 032 | 070 | 71.0 | 0058 | 59 | 0.2 2
11.5 0.22 0.60 48.8 0.089 6.1 0.2 2
16.3 0.16 0.50 35.3 0.129 6.5 0.2 1
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The results ofthetwo-stage compressor calculatiareshown inTable27. In the table,
subscript 1 stands for the first compression stage, and subscript 2 stands for the second
compression stagénd PRaiois the ratio ofPR.overPR.. During the simulation, itvas
assumed that both compression staiare the same speed. And the calculatiasperformed
by varying the specific speed of the first compression stage. Because the second compression
stag® suction pressure is much hignehan t he first stageds suctio
ratewaslower than the first compression stage. As a result, its specific speed is oy
than the first compression stage, which leads to lower compression effimetheysecond
compres®n stage.

Table 27: Rough compressor performance estimation (twstage)

Ns,1 d1 Ns 2 d> seed | PR PR | PRato a COP
- - - - kRPM - - - kg/s -
0.64 | 0.85 0.67 0.86 | 109.6| 34 1.7 0.5 0.2 2.43
0.64 | 0.85 0.59 0.83 | 103.5| 3.1 1.8 0.6 0.2 2.4
064 | 0.85 | 0.53 | 0.82 | 98.3 2.9 2 0.7 0.2 2.38
0.64 | 0.85 0.49 0.8 93.7 2.7 2.1 0.8 0.2 2.35
0.64 | 0.85 0.45 0.79 89.5 2.5 2.3 0.9 0.2 2.32
0.64 | 0.85 0.42 0.77 85.7 2.4 2.4 1 0.2 2.28
0.64 | 0.85 0.4 0.76 82.2 2.3 2.5 1.1 0.2 2.24
0.64 | 0.85 0.38 0.74 79 2.2 2.6 1.2 0.2 2.2
0.64 | 0.85 0.36 0.73 76 2.1 2.7 1.3 0.2 2.17
0.64 | 0.85 0.3 | 0.72 73.2 2 2.8 1.4 0.2 2.13
0.64 | 0.85 0.33 0.71 70.6 2 3 1.5 0.2 2.1
0.47 0.8 0.49 0.81 80.7 3.4 1.7 0.5 0.2 2.25
0.47 0.8 0.43 0.77 76.2 3.1 1.9 0.6 0.2 2.21
0.47 0.8 0.39 0.75 72.4 2.9 2 0.7 0.2 2.16
0.47 0.8 0.35 0.72 69 2.7 2.2 0.8 0.2 2.12
0.47 0.8 0.33 0.71 65.9 2.5 2.3 0.9 0.2 2.08
0.47 0.8 0.31 0.69 63.1 2.4 2.4 1 0.2 2.03
0.47 0.8 0.29 0.67 60.6 2.3 2.5 1.1 0.2 1.98
0.47 0.8 0.28 0.66 58.2 2.2 2.7 1.2 0.2 1.94
0.47 0.8 0.26 0.64 | 56.1 2.1 2.8 1.3 0.2 1.9
0.47 0.8 0.25 0.63 54 2.1 2.9 1.4 0.2 1.86
0.47 0.8 0.24 | 0.62 52.1 2 3 1.5 0.2 1.82

R1234yf
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In addition, the calculation also shows that as the:FiRcreases, the required
compressor speed decreases due to the reduction of thetdgstpressure ratio. And the
drawback is a lower overall compression efficiency. Of course, this is just a rough estimation. To

design the compressor, a more detailegtdimensional analysis is needed.

5.3 1D compressor design and optimization

The 1Dcompressodesign was performdaly using the twezone modein COMPAL
[92], a commercial centrifugal compressor design softwine twezone model [93] models the
flow passage as the primary and secondary zdiesflow inside the primary zone is considered
an isentropic flow, and the secondary zone contirthelossesThe fluid properties of each
zone are calculated separately, and they eventually mix ehgeder exit where mixing loss is
applied.The design mode in COMPAL requires a smaiinberof inputs, and its internal solver
calculatether geomeic parameters to match the target tatabtatic pressure ratio.

To find the optimum design with the 1D o, it is coupled witiPymoo[94], an open
sourceGenetic Algorithm (GA)95] solver. Their communicatiowasrealized bya python
script which calls COMPAL in the background every time the solver evaluates the objective

function. The problem formulatiors as follows:

0 _
Or 1 kf Tt
Ao AR (115
l AR Tt
0 Ofp ULUTQD®
¢ 0 ®adE QQ

Where r is the hub radius,d?and P are total pressure and static pressutbextolute throat
a n atisdhe overall compressor efficiency. Because Pymoo only salvesimizing problem,
a minus sign was todaherit fromm makimining to mmimizingys ®r d
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theconstraints, bcause the impeller inlet hub is not an input to the model, the first constraint is
added to avoidnunmanufactured impeller hukdius And the second constraint is added to
ersure that the diffuser and volutan helptherefrigerant receer enough kinetic energy and
helps reduce the length of the exit pipe.
Designvariables in this optimization include:
1 Impeller inlet hubto-tip ratio

0 The hubto-tip ratio attheimpeller inlet determines thmpeller inlet size. It
typically ranges from 3 to 0.5[31].

1 Impeller exit inclination angléwith respect tdherotating axis)

o The impeller exit inclination angle is a number between 0° and 90°. Typically, for
acentrifugal compresspit is 90°. Asmallinclination allows the compressor to
compress more refrigerant dosesa little pressure ratio.

1 Impeller exit blade angle (with respecttbe meridional plane)

o The impeller exit blade angle determines the velocity triangle at the impeller exit,
which strongly affectthe amount of work the compressor dae$orward blade
angle can delivea high pressure rise but consumes a lot of work, waile
backswept blade usually gives the best overall performance. Typically, most
backsweptanglesrangefrom -40° to-50° (minus sign means it is backswept and
towardthe counterrotating direction).

1 Rotational speed
o0 The minimum RPM was selected based on the previous 1D calcudatewith

the Balje map. And thmaximum RPM achievable was used as the maximum

RPM.
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1 The atio of impeller exit radius over diffuser radius
0 This value determines the vaneless diffuser lerigtimore extendediffuser can
recover more kinetic energy. However, it is also likely to cause compressor stalll
and has more losses.
1 The atio ofdiffuser height over impeller exit height
o Inthis studyavaneless diffuser is usetiypically, the diffuser and impeller exit
have the same height, so this value is 1. Because of the peripheral speed at the
impeller exit, if the diffuser crossection area is too large, the flissirapped
inside the diffuser . (redutaifusetheighticdne v anel e
increase flow velocity and helps enl arg
1 PReatio
0 As discussed in the simple analysis sectionak&rongly impact€ompressor
efficiency. It iscrucialto run optimization with both RRcand roational speed to
find the optimum design.

Diffuser exit depth (b} -

Diffuser exit radius (r)

Pinch depth (b,,) -

Pinch radius (r;
Impeller exit depth (b,) - nenradiu (For)

Impeller exit radius (r;)
or
Tip clearance Diffuserinlet radius

Tip radius (ry,)
Hub radius (ry;)

Figure 61. Centrifugal compressor meridional plane

124



Two separate optimization runs were performed. The population size is 200 and the
maximum number of generations is 200e dher termination criteanis that he change in the
objective spacen the last 30 generatisiis less tha®.0001, which was evaluated every 20
generatios. The selection method usedtliwtournament method, artde crossover method is
simulated binary crossover. The mutationealized by polynomial mutatiofigure62 shows
the optimization convergence histoAfter 50 generatios) the objective function barely
changesand theyare bothterminated before reaching the maximum number of generations. And
their design variables@the same after rounding. The optimum de®i@Ratio= 0.43 and has

73.3% overall isentropic efficiency.

0.735

0.73 /’
0.725 /
0.72

= 0.715 [
|
0.71
Run #1
0.705
Run #2
0.7
0.695
0 50 100 150 200

# of generation

Figure 62 Compressor 1D optimization history
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Figure 63: Meridional plane of the 1D optimum design

5.4 CFD analysis and 1D modebrrection
After the 1D designa 3D design waperformed. The basic procedure is as follows:

1. The nitial 3D design was generated in Axdeat, a 3Dcentrifugal compressor
design software. The blade angle profile along the flow direction was slightly
adjusted so that the blade loadoajculated by itduilt-in solver is within the
acceptable rang@hen three files contaimg the hub, shroud, and blade profiles
were expod.

2. The impeller geometrgrofileswereimported to theANSYS 2021R2
BladeGeifp6], where the 3D model was reconstructed there.

3. The 3D model was transferred to ANSZ821R2TurboGrid97], where meshes
were generated.

4. ANSYS2021R2CFX[98] is used to perforrthe actual analysis.
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5. Once the calculation is done, evaluate the compressor performance. If it does not
meet the requirement, adjust the design and redo this procedure from the
beginning.

Sincethis 3Ddesign procedure involves a lotredesign®f thegeometry only the last
impeller CFD analysig discussed here.

As mentioned before, the fluid domairesh was created in TurboGrithe imported
geometry from BladeGen is separated into three domains: inlet domain, impeller domain, and
outlet domain. Amog them, the outlet domain is considered the diffuser domain. In this study,
the starting point of theutlet domairis movedhalf theimpeller exit widthaway fromthe
i mpell er bladebés trailing edge&armebhsetsgp, makes t h
boundary layer refinement is used. Y+ value is used to improve the grid quality near the
boundary. Thesuggesteg+ value fortheshear stress turbulence model is 1. The Reynold

number at the impeller exit @ssumed to be 1x.05omebasicmesh setups are listed Tiable

28.
Table 28 Fluid domain mesh setup
Parameter Setup
Tip clearance Based ortheupstream profile
Impeller exit Extended by half the exit width
Boundary layer w =1.0
Estimated Re p8t p 1
Hub boundary laye 1
Shroud boundary layer offset 0.1
Limit of outlet domain aspect ratio 900
Expansion rate for inlet and outlet domains 1.2

Figure64 shows the generated mesh for the first compression stage. One advantage of
using TurboGrid is that | can do calculatamith one slice (blade set) of the impeller instead of

doing calculatioawith the entire compressor, which saves a lot of calculéitios.
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Figure 64: Fluid domain mesh

Once the mesh was generated in TurboGrid, the GH¢ulationwas setp in CFX
t hrough t he Tiie®kntir Bua ddvhaid ie Separated it domainsduring the
setup proces\ rotating passageéomain anda stationandiffuser domain. Shroud tip clearance
is only added in the impeller domain. And the interface betweetwodomairs is the stage
(mixing plane).Cylindrical coordinateslefinethe inlet flow directiorandareperpendicular to
theinlet crosssection. And the calculation uses a pressure inlet and a mass flow rate outlet.
Table29lists the solver setup in CFX. In addition to these settingseedefined nterrupt

conditionwas implemented:

- T3 W& —— TEUTTTT U (116
Where - is the ratio of the standard deviation of compressor efficiénc) over the
average compressor efficiency over the last 50 stegs ——  is the ratio of the standard
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deviation of compressor efficiency over the averagepessor efficiency over the last 50 steps.
If this condition were met, the calculation was considered converged.

Table 29: CFX Solver Setup

Parameter Setup
Advanced scheme High resolution
Turbulence numerics First order
Timescale Auto (conservative)
Convergence criteria Max
Residual target le4

Global dynamic model control On
Compressibility control On

High speed numerics On

The CFD calculation results of both compression stages are shdwahleB80. As you
can see, the compressor efficiency calculated in the CFD is significantly lower than that of the
1D model. This indicates that the 1D model underpredicts the impellesIbidtiple reasons
could cause this large discrepan€yst, the 1D modek onedimensional andnly considers the
main geometry infortion. For example, it considers the impeller inlet and outlet back angle but
does not consider the blade angitefile in between. However, this profile for sure will affect the
compressoros performance. Second, the compres
dimensionand its tip clearance is relatively largehich could be out of the range of the binlt
loss modellt was tuned to improve the 1D model accurbgyadjustinghe efficiency of the
primary and secondary flavAnd the mass fraction of the secondary flow is also increased to
bring down the efficiency. After correction, the 1D model shasmnilar pressure ratito the
CFD results, while still overprediog the compressor efficiency.

Table 30: CFD results and 1D model correction

Parameter CFD Previous 1Dmodel Updatedl D model
1st stage- 69.4% 75.7% 72.0%
1st stag® 'Y 3.56 4.18 3.49
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2nd stage- 64.7% 74.1% 66.3%
2nd stag® 'Y 1.64 1.72 1.63

5.5 Cycle performance evaluation

Once the compressor desigrobtained, the next step is to evaluate its performance in the
cycle. To do this, imustfirst resize the existing heat exchangers to a suitable size for the new
condition.
5.5.1 Redesign heat exchanger models

There are only two typesf heat exchangers of intereptate heat exchangers and
microchannel heat exchangers. Modelstf@se two types of heakchangers were developed in
Dymola. The basic component is the same as the heat excinaodgsmentioned inlChapter4.

Thereforeit is not discussed here for brevifjable31 lists the correlations used in those

models.
Table 31: Correlations used in heat exchanger models

Heat exchanger Side Type Correlation mme

HTR/LTR/COND Air SP HTC | Chang and Wany2]

HTR/LTR/WCOND Coolant SP HTC | Fixed Nu based on the aspect ratio of
the crosssection[99]

HTR/LTR/WCOND Coolant SP DP | Laminar DP equation. If turbulence th
Blasius

COND/WCOND/Chiller | Refrigerant | SP HTC | Dittus Boeltef100]
COND/WCOND/Chiller | Refrigerant | SP DP | Blasius[99]

COND/WCOND Refrigerant | TP HTC | Shah[101]

COND/WCOND Refrigerant | TP DP | Homogeneous pressure drop equatiol
[102]

Chiller Refrigerant | TP HTC | Gungor and Winterton et 03]

Chiller Refrigerant | TP DP | Junget al.[104]

Figure65 shows the validation results of the HTR model. A 2.5 correction factor was
applied on the coolant side heat transfer coefficeamd the maximum deviation is around 12%.
And a 4.0 correction factor is appliemlthe coolant pressardrop calculation. Though the

maximum deviation is 47%, it happensadbw flow rate and the absolute value is relatively
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small. Figure66 shows the validation results of the LTR model. Because they are similar heat
exchangerghesame correction factavas applied to the LTR model. The maximum deviation

of capacity and pressure drop are 9% and 68%, respectively.
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Figure 66: LTR validation (non-dimensionaized)

Figure67 shows the validation results of the air condenser model. A 1.4 correction factor
was applied on the air side, aitglmaximumcapacitydeviation is 10%. In addition, a 2.0

correction factor was added to the refrigerant coolant pressure drop calculation.

131



0.2

03

0.4

06 07 08 09 1 1.1
Experiment Q, (-)

0.5

0.3

T —
11 s 1r e
. > e
. e e
i< 0.9 < o
10 AP o
et 08 s
0.9 i ) .7
— +0% @ T o7 +25% 7 ©
~0.8 o - 5 e P
g o ' o 08 L
o7 L0 . pus P
= s ' S 05 e )
E 06 - //g - -10% % e P .
% T E 04 R 25%
05 s [0 A
- e 0.3 . //
s
0.4 A 02 R A
o . o) -
. O Dymola(cf . =1.4) o —
R air I5) e Dymola (cf=2.0)
03 o o A
02 / 0 L L 1 L 1 1 L 1 L

.
04 05 06 07
Experiment dpref, (-)

08 09 1

Figure 67: Air condenser validation (non-dimensionalzed)

Figure68 andFigure69 show the validation of the battery chiller model. A 2.3 correction
factor was applied on both sides of the heat exchanger. And the maximum deviation of cooling
capacity is3%. As for the pressure drop, much larger correction fastersapplied.These
large correction factgrare used becausiee heat exchanger is modeled as smooth plates.
However, the actual chiller has enhancement techniques inside the flow chantied. fsgh

correction factoreflects the increasa heat transfer area and heat transfer coefficient.
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Figure 68: Battery chiller validation - capacity (nondimensionaized)
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Figure 69: Battery chiller validation i pressure drop(non-dimensionaized)

The water condenser model is similar to the battery chiller model. As shdviguire70,

a correction factoof 1 0 i

maximum deviation in capacity to 14%. In additithme correction factor of the refrigerant

pressure drop is 27.
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Figure 70: Water condenser validation (nondimensionaized)

The thermodynamic model mentioned in the previous section was used to generate the

design boundary for each heat exchanger. Tihenvalidated heat exchanger model was used to

find the new size that would meet the requireméahle32s h o ws t

he heat

change compacdto its original design. Because the target cooling capaciiyedimes the

original value the batery chiller isincreased significantly. On the higinessure side, radiators

exchan

remain the same, but the air condenser area is increased a lot to dump the extra heat. The water

condenser is also enlarged to deliver heat to the radizdtiex

Table 32 Resize heat exchangers

# of tubes of the firstpass +475%
COND # of tubes of the seconghass +343%

# of pors per tube -67%

port width +387%
WCOND H # of channel +25%
WCOND L # of channed for per pass +171%
Battery chiller # of channd for per pass +400%
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5.5.2 Results and discussions

Once all the component models were developed and the new heat exchanger models were
designed, they were connected to create the detailed cycle nokielthe transient model
mentioned in chapter, 4n cycle smulation, simple heat transfer coefficient and pressure drop
modelwereusedinstead of empirical correlationk addition due to the lack of detailed
compressor models in Dymola, in this study, the standard efficieam®yd compressor model
was used. blike positive displacement compressaentrifugal compressor map was usually
generated at a fixed suction state. A new map is needed if the suction state changes. This makes
it challengingto create a regression model for the centrif@egahpressarThis studyfirst solved
the cycle model with a fixed compressor efficiency. Then, the boundary conditions of the
compressocouldbe obtained. Anthey wereused to run the 1D compressor model to find the
compressor efficiency at that condition. The calculated number was then manualipto ploe
cycle model. This procesgasrepeaed multiple times until the compressor efficiency calculated
from the 1D mdel becamestable anatould match the target pressure ratio.

Table33 shows the cycle simulation results. The centrifugal compressor was compared to
an 80 cc scroll compressom the fastchargingmode, when both compressors deliver the same
cooling capaity, the centrifugal compressor ha$.6% higher COP than the scroll compressor.
However, in the cabin cooling mode, the scroll compressor has 11.0% higher COP than the
centrifugal compressor. And the centrifugal compressor also stalls in the heatiegumidzlthe

scroll compressor works without any problem.
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Table 33: Cycle simulation results

Mode Parameter Centrifugal 80 ccscroll compressor
Fastcharging |00 s | st
Cabin cooling | —=201Ing é%ppacﬂy (W) Izrélg(?; 5://;)) Targl;i;-z 1%

Heafng Heatingé%pscity (W) Stall 33% ofthe ;ggng capacity

After this calculationcompressor maxan becalculatedunderthree conditions-igure
71shows the compressor map at féwstchargingcondition.The top figure is the map of the
first compression stage. And the bottom figure is the map of the second compressidrhstage.
blue dash line is the compressor stall line. And the component naxidas the data point
indicates where the compressor is stalfattl the black circle in the map indicates the design
point performancedrigure72 shows the compressor megthe cabin cooling mode. It can be
seen that though the compressor still workihis condition, the operating point is very close to
the stall limit and can be dangerous to opef@tgre73 shows the compressor magpthe
heating modeThe compressor is stalled in the first compression stage. In addition, the overall
pressure ratitcs way too low for the centrifugal compressor duthesmall refrigerant mass
flow rate. It is infeasible to run this centrifugal compressor at this condition.

From these resultthe centrifugal compressor can have high efficiency at peak load, such
as the fasting charging mode. However, its operating range is very limited and may not be a good
candidate for future mobile air conditioner syssefrhe current design camperate in the
heating mode due ®significantly changed suction state. Approagithat can increase the
operating range, such teeinlet guide vane or movable vaned diffusarght help and can be

the direction of future research.
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Figure 72 Compressor map (cabin cooling)
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Figure 73: Compressor map (heating)

5.6 Chapter summary and conclusions

In this chapteranaerodynamic design ofaentrifugal compressor was performed.
Summaries are as follows:

1 Thermodynamic modelor three modes: fast charging, cabin cooling, and heating, were
developed. In addition, a simple centrifugal compressor model was develaped ity
estimate centrifugl compressor speed and siZbe results show that a tvetage
centrifugal compressor is more reasondbighe fast charging modend can deliver
higher efficiency.

1 1D optimization was performed to obtain the initial compressor design. The optimum

soluion has0.43PRaticand 73.3% overall isentropic efficiency.
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